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ABSTRACT 

Study and modeling of transient operation is an 
important scientific objective. This is due to the fact that 
the majority of daily vehicle driving conditions involve 
transient operation, with non-linear situations 
experienced during engine transients. Thus, proper 
interconnection is needed between engine, governor, 
fuel pump, turbocharger and load. This paper surveys 
the publications available in the open literature 
concerning diesel engine simulations under transient 
operating conditions. Only those models that include 
both full engine thermodynamic calculations and 
dynamic powertrain modeling are taken into account, 
excluding those that focus on control design and 
optimization. Most of the attention is concentrated to the 
simulations that follow the filling and emptying modeling 
approach. A historical overview is given covering, in 
more detail, research groups with continuous and 
consistent study of transient operation. One of the main 
purposes of this paper is to summarize basic equations 
and modeling aspects concerning in-cylinder 
calculations, friction, turbocharger, engine dynamics, 
governor, fuel pump operation, and exhaust emissions 
during transients. The various limitations of the models 
are discussed together with the main aspects of 
transient operation (e.g. turbocharger lag, combustion 
and friction deterioration), which diversify it from the 
steady-state.  Some of the most important findings in the 
field during the last 30 years are presented and 
discussed. The survey extends to special cases of 
transient diesel engine simulation, such as second-law 
analysis, response when the turbocharger compressor 
experiences surge, and whole vehicle performance. 
Several methods of improving transient response are 
also mentioned, based on the various simulations. An 
easy-to-read tabulation of all research groups dealing 
with the subject, that includes details about each model 
developed and engines/parameters studied, is also 
provided at the end of the paper. 

 
INTRODUCTION 

The turbocharged compression ignition (diesel) engine is 
nowadays the most preferred prime mover in medium 

and medium-large units applications (truck driving, land 
traction, ship propulsion, electrical generation). 
Moreover, it continuously increases its share in the 
highly competitive automotive market, owing to its 
reliability that is combined with excellent fuel efficiency.  

At the same time, the stringent regulations concerning 
engine exhaust emissions dominate the automotive 
industry, forcing manufacturers to new developments. 
Sophisticated, high pressure common rail injection 
systems, exhaust gas recirculation and variable 
geometry turbochargers are applied for reduction of fuel 
consumption, pollutant emissions and noise. In the last 
years, various emission directives, in the form of 
Transient Cycles [1,2], have furthermore directed engine 
manufacturers in the European Union, Japan and the 
US to appropriate dealing of (vehicles’) transient 
performance, since it is well established that the 
instationary operation contributes much more to the total 
amount of emissions than the stationary one.  

Typical transient cases experienced by diesel engines, 
lasting from a few seconds up to several minutes, are: 

1. Load acceptance (change) with constant governor 
setting, 

2. Speed change under constant load e.g., 
acceleration, 

3. Simultaneous speed and load change,  
4. Vehicle acceleration, e.g., gear shift,  
5. Transient cycles, which consist of several of the 

above mentioned transients, and 
6. Starting. 
 
In this work, the term transient will be used to describe 
any of the aforementioned forced changes in load and/or 
fueling1. 

In various diesel engine applications (e.g. marine 
propulsion, electrical generation) the turbocharger and 
the engine are optimized to achieve the rated power and 
maximum torque output. In automotive applications the 
                                                      
1 Engines or vehicles encounter several other situations that can 
loosely be termed “transient”, such as cyclic variation, (cylinder wall) 
temperature oscillations, compression braking of heavy vehicles etc. 
These are not considered in this review. 



matching is usually achieved for steady-state conditions 
and low specific fuel consumption. Thus, the 
turbocharger size is determined for high torque output, 
which usually leads to high moment of inertia and 
consequently slow air charge response. This slow air 
flow charge cannot match the required fast fueling 
commands during transients and causes rich air-to-fuel 
ratio mixtures that result in high levels of visible smoke. 
To make things worse, the above-mentioned non-
optimum transient performance of turbocharged diesel 
engines (for many years now the majority of the diesels 
produced worldwide) is further enhanced by the increase 
in rating. Possible counter-measures sometimes conflict 
with other important aspects of engine operation, such 
as fuel consumption or exhaust emissions. 

In any case, reliable governing is required as well as 
quick changes in the operating conditions for both 
vehicle movement and ship propelling. For diesel 
engines used in industrial applications, rapid loading is 
required together with zero (final) speed droop for the 
base units, as well as rapid start-up for the stand-by 
ones. Rapid load changes can prove very demanding in 
terms of engine response and also in the reliability of 
fuel pumps and governors-controllers. Transient 
operation study and modeling is thus an important 
objective, since: 

• The majority of daily driving conditions involves 
transient operation, 

• Extreme, non-linear and non-steady-state conditions 
are experienced by the engine and its subsystems 
during transients, 

• Proper interconnection between engine, governor, 
fuel pump, turbocharger and load is required, 

• Short-term exhaust overshoot is noticed during 
turbocharger lag, 

• Various control strategies should be employed and 
investigated for better engine response, further 
enhanced by the proliferating use of variable 
geometry turbines and exhaust gas recirculation 
systems. 

 
Diesel engine simulation has contributed enormously 
during the last 40 years towards new evaluation and 
development [3-11]. Thermodynamic cycle simulations 
give access to data that otherwise can only be 
measured with complicated and costly techniques. 
Moreover, they provide an opportunity to investigate 
different design solutions early in the development 
process, optimize key parameters of the system, and 
perform sensitivity analyses. 

In particular, as regards transient performance, the 
various simulation models have paved the way for an in-
depth study of transient operation. However, the 
excursion to off-design and off-steady-state conditions 
experienced during transients cannot be dealt with 
conventional modeling techniques based on steady-
state philosophy. This holds true especially for 
combustion and friction [12,13], but also for the 

operation of various engine subsystems such as the 
turbocharger. 

Reliable study of pollutants emissions during transient 
operation via the use of suitable models is an important 
objective, whose accomplishment is limited at the 
moment by the large computational time required for the 
analysis of hundreds of cycles. In addition, the transient 
response has not been accurately analyzed as yet and 
diversified from the steady-state one, with complete 
account for its unsteady nature characteristics. 
Simulation constants of the individual sub-models 
behave differently during transient operation and thus 
care has to be taken for proper modeling. 

In this work the publications concerning transient diesel 
engine simulation will be surveyed, provided they 
include both engine thermodynamic and powertrain 
dynamic submodels. To maintain the paper size at an 
acceptable level, it was decided that works which put 
emphasis on controllers design rather than 
thermodynamics, i.e. applying optimization algorithms, 
or Bode diagrams, will not be covered. Most of the 
attention will be paid to the simulations that follow the 
filling and emptying modeling technique. This, to the 
opinion of the authors, has proven so far to be the best 
approach to adequately shed light into the engine 
processes during transients. Moreover, taking into 
account its computational requirements, it is the most 
promising one for successful transient exhaust 
emissions predictions.  

A typical transient case of load acceptance (30-60 
engine cycles) needs approximately 1 second on a 
modern PC when quasi-linear modeling is used, while it 
needs 1 minute via single-zone modeling and almost 24 
hours when quasi-dimensional analysis is adopted. The 
above times are increased proportionally if separate 
analyses for each cylinder are applied. Moreover, as 
regards zero-dimensional studies, a multi-zone model 
would increase the required time almost linearly to the 
number of zones analyzed. 

Ideally, a complete diesel engine transient simulation 
code should include true ‘transient’ sub-models for each 
cylinder separately, as well as for the fuel pump, the 
turbocharger, the dynamometer and the manifolds. 
However, this would considerably increase the 
computational time, cost and effort to simulate all these 
delicate and complex phenomena. The main simulations 
aspects as well as the limitations imposed by the need 
for relatively fast simulation codes will thus be among 
the main subjects of the paper. Some of the most 
important findings in the field during the last 35 years will 
be presented and analyzed. The survey will extend to 
special cases of transient diesel engine simulation, such 
as second-law analysis, operation under turbocharger 
compressor surging, and whole vehicle performance. 
The measures will also be highlighted, which can help 
decrease turbocharger lag and consequently improve 
transient response.  



HISTORICAL OVERVIEW 

To the best of the authors’ knowledge, the first 
thermodynamic models analyzing transient diesel engine 
operation were published in the early seventies at the 
University of Manchester, UMIST [14-19]. These models 
that are known as quasi-linear were based on the 
assumption that transient operation behaves as a series 
of steady-state operating points. These models paved 
the way for other more fundamental approaches, 
pointing out important aspects of transient operation 
such as turbocharger lag. 

From the mid-seventies until the early eighties, the most 
fundamental transient simulations were published, 
based on a degree crank angle (oCA) analysis (zero-
dimensional models of the filling and emptying type), 
initially from the Imperial College researchers. Late 
Professor Watson and Dr. Marzouk reported a 
pioneering simulation [20], which was used as a basis 
for the majority of the upcoming models, becoming very 
popular in the industry too. Extensive parametric study 
was also conducted mainly as regards improvement in 
engine and turbocharger response [21-23]. Various 
limitations of the modeling techniques were discussed in 
[24], and two-stage turbocharging was proposed as one 
of possible methods for smoothing turbocharger lag [25].  

In parallel, at the University of Manchester, the studies 
included two-stroke instationary engine operation [26], 
and extended research on methods for improving 
transient response [27-Pt.1], mainly by injecting air into 
the compressor. The research group of Professor 
Winterbone introduced vehicle acceleration equations 
[27-Pt.2]. They advanced to filling and emptying 
modeling [3,28], while investigating also the fundamental 
aspect of combustion and friction deterioration during 
transients [12]. 

Professor Henein’s research group at the Wayne State 
University pioneered in the late eighties the study 
concerning engine starting based on phenomenological 
in-cylinder modeling [29,30]. Later, they included 
detailed fuel droplets and film evaporation sub-models 
[31,32]. The simulations incorporated, for the first time, 
analytical, per oCA friction equations developed in house 
[33,34]. Recently, they reported a transient diesel engine 
simulation code [35] with emphasis on torsional 
vibrations. 

The research group of Professor Rakopoulos at the 
National Technical University of Athens (NTUA), 
Greece, has developed transient operation simulations 
since the mid nineties. Initially, the model was developed 
for a single-cylinder, naturally aspirated diesel engine 
[36-38]. Later, it was validated on a six-cylinder, 
turbocharged, heavy-duty diesel engine [39]. Care was 
taken for developing a transient code that takes into 
account the non-steady-state engine profile during 
transients. To this aim, the model is a true multi-cylinder 
one, solving separately and sequentially the algebraic 
and differential equations for each cylinder; friction is 

modelled with detailed per degree equations, whereas a 
fuel injection sub-model is incorporated in order to 
consider the transient fuel pump operation. The model 
has been used for an extensive parametric study [40] 
and sensitivity analysis [41,42], covering, among many 
other things, various governor configurations [36], while 
it was also extended to second-law analysis [43-46] and 
investigation of compressor surging [47] (the latter on a 
quasi-linear basis).  

The research group of Professor Assanis at the 
University of Michigan has studied transient diesel 
engine operation [48,49] including starting [50], and 
focused on whole vehicle simulation and VGT effects 
[51-53]. The latter was accomplished in partnership with 
the Universities of Iowa, Wayne State and Wisconsin at 
Madison. The basis for their transient simulation was the 
single-zone model developed by Assanis and Heywood 
[54]. The dynamic behavior of the vehicle drive-train was 
represented by differential equations that described the 
kinematic and dynamic behavior of the real system, i.e. 
torque converter, transmission, differential etc, covering 
up to hybrid truck operation. An extended set of 
simulations was carried out for truck acceleration or 
Transient Cycles studies [55-57]. They also investigated 
the effect of various parameters on the vehicle and 
engine transient response with emphasis on VGT 
systems. 

A transient model based on experimentally obtained 
transient heat release rates coupled with 1-D modeling 
of manifolds operation has been recently developed and 
validated at the CMT Institute of the University of 
Valencia, Spain [58-61], and used to investigate 
improvement in transient response [62], EGR effects 
[63] and exhaust manifold optimization [64].  

Many more models following the filling and emptying 
[e.g. 65-71], or quasi-linear [e.g. 72-83] approach have 
been developed. The studies have concentrated on 
interesting issues such as effect of VGT [84-86], 
turbocharger match [87], thermal shock in engine 
structures [88], governor operation [89,90], exhaust 
emissions [91-99], vehicle cooling system [100], effect of 
compressor surging [101-107], electrically assisted 
turbocharging [108-111], vehicle performance [112-116], 
variable valve timing [117], sequential turbocharging 
[118] and marine diesel engine applications [119,120]. 

In recent years, there has been an increasing use of 
commercial software packages for in-cylinder 
calculations e.g. GT-Power® [121]. These are based on 
multi-zone modeling of in-cylinder processes and 1-D 
modeling of engine manifolds, and have been extended 
to transient simulations too [122]. 

Concluding this historical overview, Figure 1 provides a 
comprehensive list of the number of published papers up 
to the end of 2005. The authors have tried their best to 
mention all works published in international journals and 
well established Conferences (e.g. SAE, ASME, 
IMechE) requiring full paper reviews.  
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Figure 1. Number of published papers on thermodynamic transient diesel engine simulations in international Journals and well established Conferences 
(up to the end of 2005) 
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Figure 2. Block diagram of typical simulation code for transient, turbocharged and aftercooled, diesel engine operation 



TRANSIENT SIMULATION ANALYSES 

In general, a simulation model (see, for example, Figure 
2) for transient diesel engine operation should: 

1. Be composed of high fidelity sub-models covering 
the operation of all engine subsystems, 

2. Give adequate insight into the various engine 
processes, identifying the effect of key operating 
parameters, 

3. Be flexible and with the minimum need for empirical 
data, 

4. Have limited requirement in execution time,  
5. Be modular in order to be able to adopt new 

subroutines, and 
6. Be easily adaptable to different engines/operating 

conditions. 
 
The studies concerning transient diesel engine 
simulations are based on a preceding steady-state 
mathematical-thermodynamic modeling of the processes 
inside the cylinder and its subsystems. Such models use 
a combination of analytical and empirical methods to 
represent the engine components and can be classified 
according to their degree of complication. Analytically 
based models tend to focus on a oCA variation of engine 
variables in considerable detail. On the other hand, 
empirically based models tend to take a wider view, 
predicting the mean values or trends of the major engine 
variables with a subsequent loss of resolution and much 
shorter run times.  

Filling & 
Emptying

Wave-
Action

Multi-
Dimensional

Math. 
Complexity Very Low Low High High Very high

Insight Very Low Low Adequate Adequate High
Computer 

time Negligible Negligible Limited Increased Very large

Adaptability Medium Low Medium
Medium-

Low Low

Non-Linear
Linear Quasi-

Linear

 

Table 1. Comparison of specifications and requirements between 
various modeling approaches  

The models used for transient simulations are (see also 
Table 1): 

1. Linear or sampled data modeling using transfer 
functions2. 

2. Quasi-linear. Mean value models are practically 
quasi-linear; their main difference being that they are 
usually built on physically based sub-models of the 
engine processes rather than empirical correlations. 

3. Filling and emptying models of the zero-dimensional 
type. These are also termed phenomenological 

                                                      

                                                     

2 Such models [e.g. 123-125] do not include in-cylinder thermodynamic 
calculations, and thus will not be reviewed in this paper. 

since they incorporate scientific principles for the 
simulations. 

4. An extension of the latter with the introduction of 
wave action modeling for manifolds simulation3. 

 
Table A, at the end of the paper, provides a detailed 
listing of each research group’s modeling approach 
together with details about the engine studied, the 
transient schedules examined and the parameters 
investigated. 

Comments 
• The majority of transient diesel engine simulations 
have been carried out on four-stroke, turbocharged 
engines of medium-high speed. This is due to the 
dominance of this type of engine in vehicle applications, 
where the effects of turbocharger lag are most 
prominent. On the other hand, the naturally aspirated 
and, especially, the two-stroke engine have been 
studied scarcely. The same remark holds for Transient 
Cycles analysis, probably owing to the increased 
computational time and experimental facilities (e.g. 
dilution tunnels) needed for validation. An increased 
interest regarding transient diesel engine simulations is 
noticed during the last decade. 

• Most of the simulations by almost 50 research groups 
are based on the filling and emptying approach. Quasi-
linear models offered an interesting alternative in the 70s 
but the continuously increasing power of the PC systems 
has limited their use in recent years for control 
applications. Pure 1-D or multi-dimensional in-cylinder 
models have not been yet applied owing to the 
complication and huge computational time required, 
although their detailed nature would considerably help 
the delicate task of transient heat release rate 
predictions. 

• All the models used for transient predictions were 
calibrated against experimental data at steady-state 
conditions. The majority of them were validated, fairly 
well, at transient conditions too, mainly for load 
acceptance and/or acceleration cases. On the other 
hand, very few experimental data have been made 
available regarding vehicle operation and operation 
when the compressor experiences surge.  

• Exhaust emissions prediction, although a prosperous 
field of research for steady-state operation, remains 
scarce when transient conditions are involved. This is 
mainly due to the conflict between detailed in-cylinder 
thermodynamic codes and the necessity to run a large 
number of engine cycles. On the other hand, a lot of 
pure experimental approaches dealing with transient 
(exhaust emissions) measurements have been 
undertaken in the last 10-15 years. The same holds for 

 
3 One dimensional modeling has also been reported. Kolade et al. 
[126] attempted a coupling between 1-D and 3-D analysis for fuel 
injection and combustion that was also used for turbocharger transient 
response prediction. However, this was not coupled with explicit engine 
dynamics modules and cannot be classified as pure ‘transient’ 
simulation. 



studies concerning control strategies development and 
implementation that are, however, out of the scope of 
this review. 

• The study of starting has focused so far on spark 
ignition engines and, mainly, experimental 
investigations. Only a few diesel engine simulation 
codes have been reported. During the last 15 years, 
diesel cold starting study was accomplished at the 
University of Wisconsin-Madison via multidimensional 
analysis [e.g. 127,128], which allowed more insight into 
the complicated in-cylinder phenomena without, 
however, coupling with a dynamic sub-model. 

IN-CYLINDER SIMULATION 

QUASI-LINEAR APPROACH 

The basic advantage of quasi-linear modeling lies in its 
simplicity combined with limited computational 
requirements. In this approach the elements of the 
system, i.e. engine cylinder, manifolds etc, are modeled 
in terms of steady-state and mean value characteristics 
using empirical correction coefficients, and neglecting 
the intermittent and non-linear nature of the engine 
operating cycle. Usually adopted simplifications are 
[3,28]: 

• Accumulation volumes in the system have negligible 
effect. 

• Mean values are used for engine and manifolds 
pressures and temperatures. 

• The engine output is related to fuel input via empirical 
equations or tabulated steady-state data. For example, 
Ledger and Walmsley [14] applied a linear relation for 
the indicated mean effective pressure (imep) provided 
that the air supply was sufficient for satisfactory 
combustion 

1 fiimep a m=    (1) 

For air-fuel ratios lower than a critical value, a correction 
coefficient (termed relative thermal efficiency) was 
introduced to account for non-linearity between imep 
and injected fuel quantity mfi [17-19]. 

Jensen et al. [77] studying a small turbocharged diesel 
engine developed the following relation for the indicated 
efficiency  

6a2
ind 2 3 4 5(a a N a N )(1 a )η = + + − Φ            (2) 

The indicated torque can then be estimated as the 
product of injected fuel mass, fuel lower heating value 
and indicated efficiency. 

For the volumetric efficiency needed in order to estimate 
the air mass flowrate, Younes et al. [94] derived an 
empirical relation for their engine under study 

2
vol 7 8 9a a N a Nη = + +        (3) 

On the other hand, Berglund [78,79] used tabulated data 
of brake torque vs. speed and fueling, derived at steady-
state conditions. Jennings et al. [75] and Rackmil et al. 
[89,90] followed the same approach but applied a 
correction coefficient to account for transient 
discrepancies, and a time lag, of the order of 100oCA, to 
account for system delays. Winterbone [3] estimated this 
delay at 120oCA. 

• An empirical equation is applied for estimating the 
exhaust gas temperature, Tex at turbine inlet. This is 
defined from the inlet manifold temperature, Tinl, adding 
a temperature rise factor to it, to account for combustion 
effects [3,5,17]  

11a t10
st ex inl st

a
T , T T (1 e

1 1/
) T∆ = = + − ∆

+ Φ
      (4) 

with a10 a constant depending on injected fuel, engine 
speed and fuel-air equivalence ratio, and a11 a time 
constant depending on the exhaust manifold 
configuration. 

In order to account for other delays during transients, i.e. 
extra heat loss to the cooling system, higher frictional 
losses, and system thermal storage effects, Benson et 
al. [19,3] arbitrarily reduced both engine power and 
temperature rise by a further 5%.  

It is made obvious that quasi-linear models are heavily 
dependent on empirical data in order to adjust Equations 
(1)-(4), or to formulate the steady-state engine maps. 
However, the non-linear nature of the engine 
characteristics makes linear interpolation of data 
unreliable, especially in regions outside of those where 
the experimental data is available. Moreover, such 
experimental data are unavailable for low loads/engine 
speeds, where the most demanding transient tests 
commence. Quasi-linear modeling plausibly fails to fulfil 
the second, third and sixth modeling specification 
mentioned above. A thorough discussion concerning 
their limitations can be found in [3,17]. 

FILLING AND EMPTYING APPROACH 

In these models the engine and its subsystems are 
represented as a series of control volumes, linked by 
valves or orifices that interchange mass, heat and work. 
The ideal gas law and the principles of mass and energy 
conservation are applied to predict engine performance. 
Gas properties are computed using polynomial relations 
of temperature and pressure. The computational step is 
quite small, i.e. 1oCA or even less, during which quasi-
steady conditions are assumed for the thermodynamic 
properties.  



The filling and emptying, zero-dimensional models that 
were used as a basis for the simulation of diesel engine 
transient performance were almost exclusively single-
zone ones, i.e. treating the cylinder contents as a 
uniform mixture. This approach combines satisfactory 
accuracy with limited computer code execution time. It 
leaves, however, unanswered the question about the 
development and prediction of exhaust emissions which 
is nowadays a key issue. For the latter, a solution was 
attempted by two-zone [93], or multi-zone models 
[95,97-99], with moderate success. 

Combustion

When it comes to combustion modeling the usual 
approach is the application of a semi-empirical, 
physically based heat release rate law, the accuracy of 
which has been confirmed under steady-state 
conditions. This is accomplished either by matching 
simulated and measured pressure diagrams or by direct 
match between predicted heat release rates and 
elaborated ones from steady-state pressure diagrams. 
Particularly as regards multi-zone modeling, detailed 
submodels for spray penetration, droplet evaporation, 
air-fuel mixing etc are also taken into account. The 
universally accepted premixed-diffusion combustion 
models are usually applied in the form of simple Wiebe 
functions [129], or using its alternative and more 
complex version of Watson [130] or Woschni-Anisits 
[131], or the more fundamental Whitehouse-Way 
approach [132], or in the form of Arrhenius equations in 
multi-zone models. Great care has to be taken, in this 
case, for modifications needed in order to take into 
account the peculiarities of transient combustion, which 
the steady-state modeling cannot predict. The constants 
in the semi-empirical heat release models should not 
assume constant values during each transient event4, 
particularly when extreme load changes, and thus fuel-
air equivalence ratios are involved.  

Recently, in order to by-pass the inherently complicated 
prediction of heat release during transients, some 
researches extrapolated the heat release rate from 
previously recorded experimental pressure diagrams 
during transient tests [e.g. 133,134]. These curves can 
afterwards be fed in the form of look-up tables [135] or 
using artificial neural network techniques [136] into the 
simulation code predicting other transient operations. Of 
course, no actual modeling is involved here, although 
this inverse, experimentally oriented technique can 
prove quite instructive in understanding engine 
processes. 

A fundamental aspect of transient operation lies in the 
discrepancies when compared to the respective steady-
state operation (i.e. for the same speed, fuel pump rack 
position and air flow). Murayama et al. [137], by studying 

                                                      
4 For example, constant burn duration for each transient cycle is 
usually assumed when applying the Watson combustion model. 
 

the accelerating behavior of a single-cylinder, naturally 
aspirated, IDI diesel engine, found that 

- owing to rapid and considerable changes in fueling, 
instantaneous torsional deformations in the driving 
system of the fuel injection pump took place, leading to 
an incomplete combustion, which the steady-state 
combustion modeling was unable to predict, 

- a retardation of the dynamic injection timing was also 
noticed, which was correlated to injected fuel mass 
change, as is illustrated in Figure 3. Moreover, fuel 
injection pressure was suspected to increase 
(proportionally) faster than boost pressure.  
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Figure 3. Change in dynamic fuel injection timing due to the 
deformation of the injection pump driving system resulting from 
changes in the amount of injected fuel [adapted from [137]) 

Harndorf and Kuhnt [138], summarizing other off-design 
phenomena during the early transient cycles, identified: 
a) an influence in mixture formation and ignition delay 
due to air-deficiency caused by turbocharger lag, b) a 
change in the average fuel droplet diameter caused by 
lower density and swirl, which led to increased jet 
penetration in comparison to the respective steady-state 
operating conditions, c) the lower end gas and wall 
temperatures in combination with a higher amount of 
end gas resulted in an increased ignition delay and hard 
combustion course, during the early cycles where the 
turbocharger lag is more prominent (confirmed also in 
[133]). 

Winterbone and Tennant [12] working on a six-cylinder, 
turbocharged diesel engine found that the combustion 
process was somehow deteriorated after a load 
increase. This differentiation in transient combustion 
development has also been confirmed by other 
researchers, and, particularly as regards NOx 
emissions, by Cui et al. [99].   

Unfortunately, transient thermodynamic modeling is not 
always capable of capturing the above mentioned 
deteriorations in combustion. One reason may be the 
possible inability of the empirical combustion models to 
predict engine performance at very low air-fuel ratios 
(less than unity). Another one is their inability to take into 



account phenomena of fuel accumulation that are 
usually experienced during the initial cycles of a 
turbocharged diesel engine transient cycle. For the latter 
a quasi- or multi-dimensional modeling would be 
required. One major inaccuracy lies in a usually adopted 
simplification, i.e. the assumption of constant 
combustion coefficients during transients. To overcome 
these burdens, many empirical approaches have been 
attempted: 

- Benson and Whitehouse [5] proposed that the 
constant, K in the (dominant) preparation rate equation 
of the Whitehouse-Way model, be correlated with the 
Sauter mean diameter (SMD) of the fuel droplets 
through a formula of the type  

c
1K

SMD
∝    (5) 

This approach was adopted, for example, by 
Rakopoulos and Giakoumis [40] during transient 
calculations, using an SMD correlation proposed by 
Hiroyasu et al. [139], accounting for variations in fueling, 
and compression and injection pressures.  

- Betz and Woschni [140], extending a previous 
correlation by Woschni and Anisits [131], proposed a 
correction equation for the burn duration in order for the 
Wiebe functions to be applicable in the region of less 
than unity air-fuel ratios, 

       0.6 0.5 0.6
burn burn,o u

o o

N( ) ( )
N

Φ
∆ϕ = ∆ϕ η

Φ
  (6) 

with ηu the energy conversion rate that equals, at most, 
1/Ф for Φ>1, and 1 for Φ≤1. This relation was 
developed for a DI diesel engine of medium swirl, 
operating at medium engine speed. 

- Assanis et al. [141] proposed and validated a new 
ignition delay correlation, valid under transient 
conditions, which unlike the usually applied Wolfer one 
[4], incorporates the fuel-air equivalence ratio, Φ. This 
ignition delay formula gave satisfactory results, mainly 
for medium to high engine speeds. It can then be 
incorporated in the widely adopted Watson combustion 
model. The same approach (i.e. incorporation of the 
effect of Φ) had already been theoretically investigated 
by Rakopoulos and Giakoumis [38], concerning the 
preparation constant, K, of the Whitehouse-Way model. 
Currently, the effect of Φ is also investigated concerning 
ignition delay calculations. This is applied to the 
activation constant, ‘act’, in the reaction rate equation of 
the Whitehouse-Way model, 

 c
o

o
act act ( )∆Φ

= ⋅
Φ

        (7) 

To summarize, in combustion modeling lies one of the 
most significant weaknesses of filling and emptying 

transient modeling. On the one hand, the semi-empirical 
models fail to capture all the details of complicated 
combustion during transients, despite the effort for 
correction coefficients. For the inverse heat release 
modeling approach, on the other hand, an extended set 
of sophisticated and costly transient tests has to be 
undertaken in order for the model to be able to predict 
other transient scenarios for the same engine and in the 
vicinity of the same engine speed. This fact limits and 
puts in question the actual process of the model’s 
predictive capability. 

A slightly different approach, being in the middle of 
quasi-linear and filling and emptying modeling, has been 
also adopted [55,57,114,115]. Here, a oCA based 
thermodynamic code was used to generate a steady-
state, multi-dimensional, look-up engine torque map. 
The latter is used in the dynamic simulation of vehicle 
performance. This approach is, mainly, chosen for 
limiting computational time, particularly as regards 
Transient Cycles simulation. However, it fails to fully 
take into account the fundamental aspect of transient 
operation differentiation from steady-state conditions. 

Heat Transfer

As regards heat transfer correlations, the global 
equations of Annand [142] (including both convective 
and radiation terms), Woschni [143], Hohenberg [144], 
Nusselt or Eichelberg [6] have been used. These 
equations deal with overall, empirical, instantaneous 
spatially average heat transfer coefficients, generally 
assumed to be the same for all surfaces and all 
operating conditions in the engine cylinder. One notable 
exception here is the transient model by Keribar and 
Morel [88], who simulated in detail the heat transfer 
process separately for the piston crown, cylinder liner, 
cylinder head and valves. This was accomplished using 
a convective heat transfer submodel based on in-
cylinder flow accounting for swirl, squish and turbulence, 
and a radiation heat transfer submodel based on soot 
formation. Keribar and Morel [88] as well as Rakopoulos 
et al. [37,134] extended the transient analysis to study 
the special and very interesting phenomenon of thermal 
shock, i.e. sharp temperature gradients development in 
the engine structure after a ramp increase in load or 
fueling, using finite element methods. 

Even for the simple case where a uniform wall 
temperature is assumed for all cylinder surfaces, the 
thermal inertia of the cylinder wall has to be taken into 
account. This is accomplished with the use of a heat 
transfer scheme, based on electrical circuit analogy 
modeling the temperature distribution from the gas to the 
cylinder wall up to the coolant [4,6,7]. By so doing the 
cylinder wall thickness, thermal conductivity, diffusivity, 
and possible insulation schemes are taken into account. 

An alternative approach is to use an “hysteresis” (time 
lag due to thermal inertia) expression to update the wall 
temperature at each consecutive cycle, which changes 
as a result of the increase in fueling and/or speed 



[22,46,98]. This approach is based on the well known 
fact that the update of cylinder wall temperature is 
notably delayed compared to changes in fueling. 

ENGINE SUBSYSTEMS 

In the following Sections, the most important modeling 
aspects will be reviewed regarding transient operation of 
the various engine subsystems. Most of these aspects 
hold for both quasi-linear and non-linear diesel engine 
simulations. Although they cannot be classified as 
engine subsystems, friction and exhaust emissions will 
be reviewed in this Section too. 

Figure 2, presented earlier, shows a typical block-
diagram of a (filling and emptying) transient simulation 
code for a turbocharged, aftercooled diesel engine fitted 
with waste-gate and fuel limiting function, which 
identifies the subsystems interactions. At steady-state 
conditions the engine speed, N and the fueling, mfi are 
inputs to the simulation code. At transient conditions, the 
inputs are the load torque schedule, τL and the governor 
position/driver demand. 

MANIFOLDS SIMULATION - WAVE ACTION 
MODELING 

At the most simplified level of quasi-linear modeling, 
both inlet and exhaust manifolds are modeled as no 
volume components. The exhaust manifold pressure, 
which equals the turbine inlet pressure is empirically 
correlated to the inlet pressure and temperature, engine 
temperature rise (Equation (4)), and mass flow rate. A 
‘pulse’ factor is also introduced for pulse turbocharging 
effects in the exhaust manifold [3,74]. 

A more advanced version of quasi-linear modeling has 
also been reported, in which the filling and emptying 
approach is adopted for manifolds simulation [e.g. 
47,83]. Here, the ideal gas law and the first-law of 
thermodynamics are applied, taking into account the 
manifold volume and the heat loss from the (exhaust) 
manifold walls [3,4,68].  

On the other hand, most of the researchers who 
simulated in-cylinder processes with the filling and 
emptying modeling technique have extended this 
approach to the manifolds operation too.  

However, the gas flow in the exhaust manifold of a 
diesel engine is markedly unsteady, resulting in the 
propagation of pressure waves that may affect engine 
performance if the exhaust pipes are long enough and 
the valve overlap period substantial. The influence of the 
unsteady flow waves' propagation is more intense in the 
case of pulse turbocharged engines. Here, the issue of 
the inlet and, mainly, exhaust gas interactions with the 
engine turbocharger is more prominent.  

The pressure wave travel time in the exhaust manifold 
pipe is given by [13],  

12LN=∆ϕ
α

   (8) 

where α is the sonic velocity and L the equivalent pipe 
length. For long enough exhaust pipes (e.g. L= 0.80 m), 
∆φ = 35 oCA, at 2000 rpm, which means that a wave 
action simulation should be applied. However, for 
shorter lengths, typical in automotive applications, or 
lower engine speeds, the filling and emptying approach 
seems to be sufficient. 

Wave action models, also termed gas-dynamic, are 
labelled as non-steady and one dimensional [3,4,6]. 
They provide the solution of the unsteady flow equations 
in the engine ducts. In the more general case, wave 
action models are a set of first order non-linear, non-
homogenous and hyperbolic partial differential equations 
of mass, energy, and momentum conservation using the 
ideal gas law. They are solved by the method of 
characteristics or by finite differences techniques. 
Special care has to be paid for accurate modeling of the 
necessary boundary conditions at the duct ends, e.g. 
boundary conditions at the cylinder end, at the pipe open 
end, and at the exhaust system turbine end. 

Gas-dynamic models can provide an adequate 
evaluation of the pulsating flow phenomena, which are 
of great importance for pulse-turbocharged diesel 
engines; nonetheless a higher computational time is 
required.  

FRICTION  

For the calculation of friction inside the cylinder, the 
typical approach consists of the use of mean fmep 
equations [4,6,7,145], i.e. 

2
max pist pistfmep p u u= α + β + γ + δ  (9) 

where pmax is the peak cylinder pressure calculated at 
the previous engine cycle, pistu  is the mean piston 
speed, and α, β, γ and δ are constants derived after 
calibration against experimental data at steady-state 
conditions (some of the constants may equal zero for 
certain engines). Consequently, friction torque is 
assumed constant during a cycle with its values 
differentiating only from engine cycle to cycle. This 
approach may be suitable for quasi-linear modeling, but 
not for oCA based ones. This is due to the fact that 
friction torque varies significantly during the 720 oCA of 
an engine cycle [4,6,7,33,34]. Its magnitude compared 
to brake torque is not negligible, particularly at low loads 
where the most demanding transient events commence. 
Its modeling remains difficult owing to the interchanging 
character of lubrication (boundary, mixed, 
hydrodynamic) and the large number of components, i.e. 
piston rings,  loaded bearings etc, which cannot be 
easily isolated, experimentally investigated, and studied 
separately even at steady-state conditions.  



With the notable exceptions from only five research 
groups [29,30,39-41,44,45,69,88,146], friction modeling 
in transient simulation codes has always, in the past, 
been used in the form of ‘mean fmep’ relations, 
remaining constant for every degree crank angle in each 
cycle in the model simulation. This may be attributed to 
the fact that friction does not affect the heat release rate 
(and thus the interior engine ‘indicating’ properties and 
exhaust emissions) but only the crankshaft energy 
balance; the latter one being, nonetheless, essential for 
correct transient predictions. Detailed friction (as well as 
blow-by) simulations are met in starting models [29,30], 
as these losses are particularly pronounced during cold 
start engine conditions. 

The sensitivity of transient operation predictions to 
friction modeling errors was first investigated by Watson 
[24]. He showed that a (rather exaggerated) 50% 
overestimation in friction torque could lead to an almost 
equal increase in predicted final engine speed drop. He 
also proposed application of Equation (9) at each 
computational step, rather than at each cycle. 

Rakopoulos and Giakoumis [39,40] incorporated the 
Rezeka-Henein model in a transient simulation code, 
and compared the results with the usual fmep approach. 
They showed that mean fmep modeling could 
underestimate engine speed response by up to 12% for 
a turbocharged, heavy-duty diesel engine. 

Recently, Rakopoulos and Giakoumis [41] incorporated 
the more fundamental Taraza et al. [34] friction model. 
By so doing, they were able to study the development of 
friction components during transients. Unlike the rather 
empirical Rezeka and Henein approach, which suffers 
from the need of many constants and correction 
coefficients, the Taraza et al. model is based on 
fundamental friction analysis. Here, the total amount of 
friction is divided into four parts, i.e. piston rings 
assembly, loaded bearings, valve train and auxiliaries,  
whereas such interesting parameters as the oil 
temperature can be taken into account as regards their 
effects on transient response.  

A typical example from this work is illustrated in Figure 
4a. The transient profiles given correspond to a 10-70% 
load increase for a six-cylinder, turbocharged, heavy-
duty diesel engine. The two speed curves corresponding 
to 90oC oil temperature almost coincide, only until cycle 
15, when the main change in fueling occurs, a fact 
leading to differentiations in gas pressures and 
consequently in the profile of friction torque and thus 
engine speed. The mean fmep curve results differ by 5% 
as regards both maximum and final engine speed drop 
from the analytical ones (for an engine-load setup with a 
very high moment of inertia). Similar results hold for the 
other engine and turbocharger properties. In this Figure, 
the case with an oil temperature of 60oC is also 
depicted, only for the Taraza et al. model [34], which 
includes such parameters’ effect in its equations. Lower 
oil temperature results in increased viscosity and 
consequently increased piston rings assembly friction, 

eventually leading to increased total friction torque and 
thus greater engine speed drops. 
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Figure 4a. Effect of friction modeling on the prediction of transient 
engine operation for warm engine (Toil=90oC) 

In Figure 4b the variation of total friction torque during 
the first and the last cycle of the previous transient load 
increase of 10-70% are given for warm engine 
operation, compared to the mean fmep results of 
Equation (9). The last cycle has a much fuller friction 
torque diagram, despite the somewhat lower final engine 
speed, originating from greater pressures inside the 
cylinder owing to the increased loading. As it is shown, 
the constant fmep assumption significantly 
underestimates friction torque for almost 180oCA 
(around firing TDC), a fact explaining the smaller speed 
drops observed in Figure 4a. 
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Figure 4b. Mean and detailed fmep development at the initial and final 
cycles of an engine transient event 



TURBOCHARGER 

The mathematical representation of compressor and 
turbine characteristics is necessary to calculate the 
interaction between turbocharger and diesel engine. The 
majority of transient diesel engine simulations, either 
quasi-linear or filling and emptying, have adopted the 
use of compressor and turbine performance 
characteristics, as provided by the manufacturer or 
measured in-house. These give the interdependence 
between isentropic efficiency, ηis, pressure ratio, r, mass 
flow rate, m and rotational speed NTC [13], i.e. 

isC C C C TC,r f (m ,N )η =     (10) 

for the compressor, and 

T T T
o

um f (r ,
c

= )    (11) 

for the turbine, with (u/co)T the turbine blade to speed 
ratio.  

Jensen et al. [77] modeled the compressor through the 
use of the dimensionless head and flow rate parameters 
that were fitted to data provided by the manufacturer. An 
alternative approach is to simulate the turbocharger 
turbine as a series of converging-diverging nozzles 
placed at the exit of the exhaust system in contact with 
the atmosphere. The equivalent nozzle area of the 
turbine is obtained from its experimental mass flow rate 
and pressure ratio values.   

In the conventional interpolation approach, turbo-
machinery maps are digitized and entered into the 
simulation in a tabular form or in the form of (for 
example) second-order polynomials. At a particular step 
in the cycle simulation, the tables or polynomials are 
interpolated in a two dimensional fashion to calculate 
two unknown map variables from two known variables. 
Rakopoulos and Giakoumis [40] reported that no 
difference in the predictions from a single-zone model 
was observed, if this computational step was less than 
20oCA.  

While this interpolation technique is very straightforward 
to implement, there are some difficulties associated with 
its use in transient engine simulations [24,147], i.e. 

1. The non-linear nature of compressor and turbine 
characteristics makes linear interpolation of data in 
look-up tables somewhat unreliable in regions 
outside of those where the experimental data are 
available, 

2. Experimental data are usually unavailable for low 
rotor speed/low pressure ratios,  

3. Commencement of a transient test from a zero or 
very small load means that the compressor 
practically operates with a pressure ratio less than 
unity, a fact complicating the situation a lot, 

4. Small changes in pressure correspond in much 
greater changes in mass flow rate in the compressor 
map, 

5. Obtaining accurate turbine efficiency data is another 
one well acknowledged problem, with general 
correlations usually applied that are based on the 
turbine blade to speed ratio, 

6. The assumption of quasi-steady flow inside the 
turbo-machinery is a major simplification too. 

 
All in all, it is highly uncertain that the operating points of 
the compressor and turbine during a transient event 
follow their steady-state map values. To this aim, Fink et 
al. [148] proposed a “flattening” of compressor curves 
during transient operation by using a differential 
equation, which takes into account the compressor 
through-flow time. The use of 1-D turbocharger modeling 
would help here, but it would significantly increase the 
complexity and the PC execution time of the developed 
code.  

In recent years, an increased interest in variable 
geometry turbines (VGT) is observed, since these can 
improve transient response and fuel consumption. 
However, the variations between the maps 
corresponding to different vane positions in the VGT are 
non-linear, owing to the fact that the swing blade tip 
position relative to the rotor tip changes with the blade 
angle. The alternative technique, that has been applied 
by some researchers [e.g. 53,86], is to utilize artificial 
neural network to capture the properties of the fixed or 
variable geometry turbine in the whole operating range 
with only one compact function. The modeling process 
includes construction of the network of the appropriate 
architecture, and training of the network on the digitized 
turbo-machinery characteristics. Like any interpolation 
technique, this is more accurate when working within the 
boundaries of the training data; extrapolation should be 
avoided. Accuracy is also enhanced by increasing the 
amount of training data presented. 

For the turbocharger transient operation, the following 
differential equation describes the energy balance on its 
shaft: 

TC
mTC T C TC

d
W W  = G

dt
ω

η −   (12) 

where and  are the instantaneous values for the 
compressor and turbine power, respectively, and η

CW TW
mTC is 

the turbocharger mechanical efficiency that is mainly a 
function of its speed [13]. 

When present, the waste gate valve should also be 
simulated, as for example in Refs [67,84]. The same 
holds for the intercooler that is usually modeled via its 
steady-state thermal effectiveness, being, mainly, a 
function of charge air mass flow [13]. 

 



FUEL PUMP 

One of the most important parts that influence the 
combustion process and thus the indicated pressure, 
transient response and exhaust emissions, is the fuel 
injection system. The amount of fuel injected per cycle 
and cylinder, , in the majority of the transient 
simulations so far, is found by applying the steady-state 
fuel pump curves at the instantaneous values of engine 
speed, N, and fuel pump rack position, h, for every 
transient cycle, i.e. 

fim

fim f(h,N= )    (13) 

Such curves are shown in Figure 5a for a typical 
turbocharged and aftercooled, heavy-duty diesel engine, 
without fuel limiting function. Most researchers assume 
that these curves hold true for transient conditions too, 
perhaps by imposing a time delay [14,98]. Cui et al. [99] 
applied linear, steady-state approximations for the 
injection timing, duration and injection pattern into the 
transient simulation code. 
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Figure 5a. Typical steady-state fuel pump curves for a diesel engine 
without fuel limiting function 

However, the fuel pump experiences a transient 
operation of its own during the engine’s dynamic 
conditions. This results in a differentiation in the amount 
of injected fuel per cylinder compared to the one under 
‘similar’ steady-state conditions (same engine speed and 
fuel pump rack position). Watson [24] showed that a 3% 
underestimation of maximum fuel delivery, for a 0-90% 
load acceptance transient case, was enough to predict 
that the engine will stall, whereas no stall occurs if the 
‘correct’ fuel pump characteristics are used. 

In order to overcome the unreliable assumption of 
steady-state fuel pump operation, Rakopoulos and 
Giakoumis incorporated a mathematical fuel injection 
model into their transient simulation code [39,40,42]. 
This model takes into account the delivery valve and 
injector needle motion. The unsteady gas flow equations 

are solved using the method of characteristics, providing 
the dynamic injection timing as well as the duration and 
the rate of injection for each cylinder at each transient 
cycle. The obvious advantage here is that the transient 
operation of the fuel pump is also taken into account. 
This is mainly accomplished through the fuel pump 
residual pressure value, which is built up together with 
the other variables during the transient event. The 
results when applying the detailed fuel pump model, in 
contrast to the steady-state curves, are highlighted in 
Figure 5b for a 10-70% load increase. A difference of the 
order of 8% is observed in the lowest engine speed, and 
consequently in the other engine properties.  
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Figure 5b. Effect of fuel pump modeling on the predictions of transient 
engine operation 

GOVERNOR 

The basic function of the governor is to control the 
engine speed. It carries out this task by determining 
fueling that is consistent with current engine operating 
conditions and requested changes in desired engine 
speed. Typical auxiliary functions of the governor are 
fuel limiting and load regulation. 

Rakopoulos et al. [36] have modeled several governor 
sensing elements and feedbacks; they coupled the 
analysis with a comprehensive, filling and emptying 
transient simulation code for a single cylinder, naturally 
aspirated, diesel engine. 

Rackmil et al. [89] discuss extensively the modeling of 
an electro-hydraulic governor used for (quasi-linear) 
transient simulations, equipped with buffer system 
bypass, compensation cut-off, load regulation and fuel 
limiting capabilities. 

Unfortunately, in most of the cases data for the 
governors are not readily available, so that in practice it 
is often difficult to model the governor based entirely on 
its physics. In order to find the instantaneous fuel pump 
rack position, z, which is initiated by the governor clutch 
movement, during transient operation, a differential 



equation is thus applied. This incorporates the effect of 
the centrifugal force of the ball weights, spring force, 
damping etc of the various governor elements. 

Winterbone et al. [28] and Shamsi [74] used a first order 
differential equation for a proportional governor, 

1 D 1
1

1z [c (N N) c z
t

= − + ]−

2

  (14) 

Watson and Marzouk [20] applied the following second-
order relation, 

2 2
3 4 5 6 7 8 Dc z c z (1 c y)(z c y) c z c ( )+ + + + − ω = ω −ω  (15) 

Rakopoulos and Giakoumis [39,40] used the following 
equation, 

2
2 2

9 10 11 122
d z dzc c z c z c c

dd
= + + ω + ω +

ϕϕ
13      (16) 

where y is the governor control lever position, and index 
D corresponds to the demand value. All the ci (i=1-13) 
constants in the previous equations are derived after 
calibration against experimental data under transient 
conditions, so that there is no actual predictive capability 
here. Other, similar, equations can be found in 
[3,84,93,103,116].  

The most profound accessory included in the governor is 
the fuel limiting module. This function limits the 
maximum fuel delivery according to the current boost 
pressure. By so doing, it helps diminishing extensive 
smoke emissions during turbocharger lag at the expense 
of speed droop and recovery time (poorer vehicle 
driveability). The usual inputs to this module are the 
turbocharger boost pressure and/or the air mass 
flowrate. This is especially important during full load 
acceleration, when turbocharger lag may cause the 
engine to operate with much lower boost pressures than 
normally experienced under corresponding steady-state 
conditions. In modern applications this function is 
incorporated in the engine electronic control unit. Typical 
results regarding the effect of fueling control are 
available in [20,24,52,90].  

ENGINE DYNAMICS 

The updated values of crankshaft rotational speed and 
angular acceleration during transients are derived from 
the conservation of energy principle applied on the total 
system (engine-load). For quasi-linear models, this 
procedure is applied once per cycle or per firing interval 
using the respective mean torque values. When a filling 
and emptying modeling is involved, it can be applied at 
each degree crank angle.  

For the case where the stiffness of the crankshaft is 
taken into account, the following two equations hold 
[149], with reference to Figure 6, 

2e
e fr S D e

Gd 1τ ( ) τ ( ) τ ( ) τ ( ) G
dt 2

∂ω
ϕ − ϕ − ϕ − ϕ = +

∂ϕ
ω   (17a) 

L
S D L L L

d
τ ( ) τ ( ) τ ( ) G

dt
ω

ϕ + ϕ − ϕ =   (17b) 

Here, Ge=Ge(φ) and GL are the engine and load mass 
moments of inertia respectively and τe is the engine 
torque including gas, inertia  and (the usually negligible) 
gravitational forces contribution. The latter is mostly 
dependent on correct combustion modeling, 
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Figure 6. Schematic arrangement of engine-load dynamic system for 
crankshaft equations analysis  

The inertia force depends on the instantaneous piston 
acceleration [36,38,50,69]. In the above relation, p5(φ) is 
the instantaneous cylinder pressure (see also Figure 2), 
Spist=πD2/4 is the piston cross section area, and 
R1(φ)=upist/rω, with upist the instantaneous piston velocity 
[4,36]. Also, τfr is the friction torque, τS(φ)=cS(φ-φL) is the 
torsional stiffness torque, with cS the stiffness coefficient, 
τD(φ)=cD(ω-ωL) is the damping torque, with cD the 
damping coefficient, and τL is the load torque that is 
approximated by the following relation, 

s
L L 1 2 Lτ ( ) k kϕ = + ω       (19) 

For a linear load-type (i.e. electric brake, generator) s=1, 
for a quadratic load-type (i.e. hydraulic brake, fixed pitch 
propeller, vehicle aerodynamic resistance) s=2, with k1 
the speed-independent load term (e.g. road slope). In 
general, Equation (19) is valid under steady-state 
conditions. Hodgson and Raine [150], who modeled the 
dynamic behavior of a hydraulic dynamometer, proved 
that deviations during transients are to be expected 



when large speed changes (more than 500 rpm) are 
involved.  

Ceasu et al. [35] applied an even more detailed energy 
balance, taking into account all possible crankshaft 
deformations between pulley, each cylinder of a four-
cylinder, DI diesel engine, and flywheel. This eventually 
led to a system of six differential equations. However, no 
data are available, as regards the effect of such detailed 
crankshaft modelings on the predicted engine-load 
response during transients. 

In most cases, the crankshaft can be assumed as 
sufficiently rigid (φ=φL) and the engine inertia constant. 
Hence, the energy balance equation reads 

e fr L e L
dτ ( ) τ ( ) τ ( ) (G G )
dt
ω

ϕ − ϕ − ϕ = +     (20) 

In the special case of starting, Equation (20) becomes 

start e fr L e L
dτ τ ( ) τ ( ) τ ( ) (G G )
dt
ω

+ ϕ − ϕ − ϕ = +         (21) 

where 2d N
start 1τ d e=  is the starter motor torque [29]. 

As regards the connecting rod, this is usually modeled 
as equivalent to two-lumped masses concentrated at its 
ends. Rakopoulos and Giakoumis [36,38] modeled the 
connecting rod as a rigid body experiencing 
reciprocating and rotating, at the same time, movement. 
By so doing, they took into account the rod's complex 
movement and incorporated its angular velocity and 
acceleration. They also considered the effect of the 
crank angular acceleration in the rod’s movement, 
providing a more accurate value for the instantaneous 
inertia force Fin needed in Equation (18). This, however, 
resulted in a very modest differentiation in the results 
obtained from the simulation. 

EXHAUST EMISSIONS 

Transient simulation codes involving exhaust emissions 
prediction with multi-zone models are extremely few, 
concentrating mainly on nitrogen oxides. In the few 
models incorporating exhaust emissions calculations, 
the extended Zel’dovich mechanism [151] was adopted 
for NOx, and the Hiroyasu model [152] as regards soot 
emissions prediction.  

Figure 7a shows typical predicted and experimental NOx 
emissions from a four-cylinder, turbocharged, DI diesel 
engine transient after a load increase. The discrepancies 
observed may be attributed to either (combustion) 
modeling or experimental inaccuracies. The latter holds 
true, since a very high response chemiluminescence 
analyzer is required. Appropriate regression techniques 
must be also applied. 
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Figure 7a. Comparison between predicted and measured NOx 
emissions under engine load acceptance (adapted from [98]) 

Bazari [95] reached the conclusion that NO formation 
under transient operation can be closely correlated to 
that of its mass specific levels for the equivalent steady 
speed, which is a function of engine speed and rack 
position. On the other hand, the difference observed 
between transient and steady-state mass specific 
combustible emissions was very big. 
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Figure 7b. NOx prediction for turbocharged diesel engine acceleration 
from 1100 to 2200 rpm (adapted from [99]) 

Cui et al. [99] worked on a turbocharged, DI diesel 
engine of 1.30 lt displacement per cylinder. They 
showed that the NOx emission law under transient 
conditions was complicated and differing with operating 
conditions. They found that NOx emissions do not 
deteriorate during all transient acceleration or load 
acceptance processes. NOx emissions are lower than 
those of corresponding steady-state conditions during 
acceleration and load acceptance processes with 
relatively high load. On the other hand, they are higher 
than those of corresponding steady-state ones during 
transient processes with low load. A typical result from 
their study is reproduced in Figure 7b, corresponding to 
acceleration from 1100 to 2200 rpm, with load torque 
increasing from 250 to 637 Nm. The respective steady-



state NOx emissions are also provided in this figure, for 
the sake of comparison.  

Owing to the obvious limitations of quasi-linear and 
single-zone modeling as regards exhaust emissions 
prediction, many researchers incorporated empirical 
approaches in their models. Such a simple relation for 
transient soot emissions, on a Celesco smokemeter, 
was given in [3,27,74]. This gave satisfactory results for 
the acceleration of a six-cylinder, turbocharged diesel 
engine, 

2b
1Smoke b AFR=      (22) 

Watson [22] used the following correlation for a six-
cylinder, turbocharged, DI diesel engine, 

54 bb
3 6

ref ref ref ref

Smoke N (1 )b ( ) ( ) exp b
(Smoke) N (1 )

⎡ ⎤Φ −
= ⎢ ⎥Φ −⎣ ⎦

β
β

  (23)  

with β the premixed burning fraction [130]. 

Younes et al. [94] incorporated in their quasi-linear code 
the following relation for the Bosch smoke number 
(BSN) of a four-cylinder, turbocharged, diesel engine, 

3 2
8 9 10 11 air 12b N b N b N b m bair

7
fi

m
BSN b ( )

m
+ + + +=      (24)  

and a similar one for HC emissions. 

Rakopoulos and Giakoumis [39] found the following BSN 
relation more appropriate for their engine studied, 

14b AFR
13BSN = b  e       (25) 

Jiang and Van Gerpen [91] developed the following 
equation for estimating the rate of particulate emissions 
during the EPA transient cycle, 

2 3
rate 15 16 17 18 19P b b b b b= + Φ + Φ + Φ + Φ4       (26) 

For all the above mentioned equations, constants bi (i=1-
19) were derived using experimental data at steady-
state conditions for various engine speeds and loads; 
they gave overall moderately satisfactory results. 

A different approach was followed by Brace et al. [96], 
who applied neural network techniques on steady-state 
data to predict transient exhaust emissions from a quasi-
linear model. 

Watson and Alimoradian [92], on the other hand, 
attempted exhaust emissions prediction during vehicle 
acceleration using steady-state engine emission maps, 
extended to include the effect of torque and speed 
derivatives. This feature was incorporated in a simplified 

transient model based exclusively on steady-state 
operation. 

DISCUSSION 

• From the transient schedules mentioned in the 
Introduction, the most critical one is No.1, i.e. load 
acceptance with constant governor setting, as in this 
case prediction of correct governor position is of utmost 
importance. This is due to the continuous movement of 
the fuel pump rack during the transient test (see also 
‘multi-cylinder’ modeling discussion, later in this 
Section). Consequently, most of the examples in the 
next Sections will focus on this transient case. One of its 
common variations, i.e. load change under constant 
engine speed, is modeled more easily since no engine 
dynamics are involved. On the other hand, engine 
acceleration is usually more easily predicted, as here the 
rack lies at its maximum position during most of the 
transient test. Moreover, during acceleration, speed 
increases rapidly, thus limiting turbocharger lag effects 
compared to load acceptance cases. Prediction of 
Transient Cycles is a most demanding case owing to the 
interchanging character of transient schedules and, 
particularly, to the long duration involved.  

• The most notable effect of transient turbocharged 
diesel engine operation is the turbocharger lag. This is 
pronounced with the continuous increase in engine 
rating, and it is usually realized with the increased black 
smoke emissions. During transients, the air-fuel ratio 
that produces excessive smoke is much lower than the 
one that is yielded at maximum engine torque, especially 
for low engine speeds. Turbocharger lag is caused 
because of the lack of mechanical connection between 
turbocharger compressor and engine crankshaft. 
Consequently, the power delivered to the turbine must 
first accelerate the turbocharger shaft in order for the 
compressor to be able to produce the increased boost 
pressure.  

Moreover, despite the increased amount of fuel injected 
in the cylinders, the transfer of energy through the 
exhaust manifold air-gas columns slows things down. 
The use of fuel limiters complicates things even more, 
by delaying the increase in the injected fuel quantity. 
Other related delays concern the heat loss to the 
cylinder and exhaust manifold walls, and the 
acceleration of the rotating masses.  

‘Single-’ vs. ‘multi-cylinder’ approach – This is discussed 
separately, as it is considered a fundamental modeling 
aspect. At steady-state operation the performance of 
each cylinder is essentially the same, due to the 
constant position of the governor clutch resulting in the 
same amount of fuel being injected per cycle. Under 
transient operation, however, each cylinder experiences 
different fuelings and air mass flow-rates during the 
same engine cycle. This happens due to the combined 
effect of the: a) continuous movement of the fuel pump 
rack that is initiated by a load or speed change, and b) 
continuous 



 
   

 

Simulation section Usual approach Examined-more detailed 
approach 

Differentiation 
in results for 

current engine 
set up 

Computational time 
burden 

1 Cylinder wall 
temperature 

Constant value Heat convection-
conduction scheme 

Negligible Negligible 

2 Cylinder-manifolds 
interdependence 

Single-cylinder 
approach 

“Pure” multi-cylinder 
approach 

7.5% Considerable 

3 Fuel injection Steady-state fuel 
pump curves 

Fuel pump - injector 
mechanism model 

8% Very small 

4 Dynamometer Steady-state 
curve 

Transient modeling of 
brake 

None * small 

5 Exhaust manifold Filling and 
emptying 

Method of characteristics <3% ** Considerable 

6 Friction “mean” fmep Modeling per deg. CA 6% Negligible 
7 Differentiation of 

transient from steady-
state 

No compensation “Deterioration” of friction-
combustion rates,         

Eq. (28) 

>10% None 

* Estimation only – no actual simulations carried out       ** Based on results differentiation during steady-state operation 
 
Table 2. Comparison between usual and more advanced approaches for filling and emptying modeling: Summary of the differentiation in results and of 
the computational time burden induced (engine studied is a six-cylinder, turbocharged and aftercooled diesel engine, with a speed range of 1000-1500 
rpm, coupled to a hydraulic brake, with relatively high total mass moment of inertia) 

 

change of the turbocharger compressor operating point. 
As regards speed changes only the first cycles are 
practically affected. However, when load changes are 
investigated, significant variations can be experienced 
throughout the whole transient cycle. The usual 
approach, here, is the solution of the governing 
equations for one cylinder and the subsequent use of 
suitable phasing images of this cylinder’s behavior. This 
approach was first introduced by Watson [20,22] and 
was widely adopted for limiting the computational time. 
Unlike this, Rakopoulos and Giakoumis [39,40,42] 
developed a true multi-cylinder engine model. In this 
model, all the governing differential and algebraic 
equations are solved individually for every one cylinder 
of the six-cylinder engine under study, resulting in 
(significant) differentiations in both fueling and air mass 
flow-rates for each cylinder during the same cycle of a 
transient event. This approach has, of course, the 
drawback of increasing the computational time almost 
linearly to the number of cylinders involved. 

Figure 8 is a typical illustration of the results obtained by 
comparing the ‘single-cylinder’ to the ‘multi-cylinder’ 
engine modeling approach, on a six-cylinder, 
turbocharged and aftercooled, heavy-duty diesel engine. 
For the examined transient case of 10-70% load 
increase (cf. Figures 4a and 5b), the pressure diagrams 
of the first and the last in firing order cylinders are 
depicted for cycle No 5 and No 15. Cylinder pressures 
can assume up to 5% greater values when the first and 

the last in firing order cylinders are under investigation. 
This differentiates accordingly the performance of each 
cylinder. Similarly, all other properties that depend on 
the fueling rate are also differentiated from cylinder to 
cylinder during the same transient cycle, thus affecting 
the whole engine transient response. 
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Figure 8. Effect of multi-cylinder modeling on the predictions of 
transient engine operation 



In recent years, commercial software packages (e.g. 
Matlab/Simulink) have been used as the modeling 
environment for transient codes. Such packages, which 
operate in a lumped manner, give the ability to 
interconnect various engine subsystems modules, e.g. 
cylinders, manifolds, compressors and turbines. Thus, 
they provide the basis for a true multi-cylinder 
simulation. 

• Deterioration of friction - According to Winterbone 
and Tennant [12], rapid changes in loading lead to 
instantaneous, though considerable, deflections of the 
crankshaft due to great accelerations-decelerations, 
resulting in an increase of transient mechanical friction. 
Winterbone and Loo [26] applied the following equation 
for the correction of fmep during transient operation 

tr st Dfmep fmep [1 0.0025(N N)]= + −      (27) 

where fmepst is the corresponding steady-state fmep 
from Equation (9), N the current engine speed and ND 
the demand speed. 

Rakopoulos and Giakoumis [38,40] proposed the 
following correlation for the transient case, 

fr trans fr fr
max

ε( )τ ( )  τ ( ) 1+ c
ε

⎡ ⎤ϕ
ϕ = ϕ ⎢

⎣ ⎦
⎥                (28) 

where the instantaneous value for the total friction 
torque, τfr(φ), is corrected according to the current 
crankshaft angular acceleration, ε(φ), thus providing the 
‘real’ transient friction torque, τfr(φ)trans, needed in the 
energy balance Equation (20). The exact value of 
coefficient cfr needs experimental investigation. In any 
case, its effect was found to be substantial [38,42].  

• Modeling errors - Transient simulation codes suffer 
from the need to run a large number of engine cycles. 
This often results in ignoring or over-simplifying specific 
submodels for the sake of speeding up program 
execution (quasi-linear modeling being here the most 
extreme example). 

As regards filling and emptying modeling, the present 
research group has studied a number of these 
simplifications [42], on a high moment of inertia, 
turbocharged and aftercooled, heavy-duty diesel engine. 
It was shown that only the assumptions of constant 
cylinder wall temperature and steady-state 
dynamometer curves (for load changes or small speed 
changes only) are justified. 

All the other assumptions can induce a modeling error, 
which ranges from 5-20% according to the examined 
transient schedule and engine-load setup. The results 
are presented in Table 2, which also includes comments 
on the imposed burden in PC execution time.  

Other associated assumptions that can lead to errors in 
filling and emptying modeling results are the use of 
many empirical coefficients and exhaust manifold heat 
losses. On the contrary, chemical dissociation, 
turbulence, blowby losses and slider crank mechanism 
dynamics induce negligible errors.  

CASE STUDIES – PARAMETRIC ANALYSIS 

A typical transient event initiated from a load change of 
10-80% of full engine load at constant governor setting 
is illustrated in Figure 9a, for a heavy-duty, turbocharged 
and aftercooled, medium-high speed diesel engine of 
16.62 lt displacement, rated at 235 kW at 1500 rpm. 
Eight, typical engine and turbocharger variables are 
depicted here with respect to the engine cycles or time, 
i.e. engine speed, reduced angular acceleration, fuel 
pump rack position, peak cylinder pressure, air-fuel ratio, 
Bosch smoke number (Equation (25)), boost pressure 
and turbocharger speed.  
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Figure 9a. Prediction of various engine and turbocharger properties 
development during a transient event after a ramp increase in load 



At the initial condition, the engine and load torques are 
equal and the air-fuel ratio very high. As soon as the 
new load is applied (this is accomplished in 0.5 s), the 
engine speed drops because the load torque becomes 
considerably greater than its engine counterpart. This 
leads to a movement of the governor sensing element 
which, in turn, shifts the fuel pump rack towards a 
position of more fueling. During the early cycles (where 
the energy deficit is greatest), the highest values of 
crankshaft deceleration occur. With the gradual increase 
in fueling, the cylinder pressure increases and the air-
fuel ratio decreases. At this point the highest smoke 
emissions are expected. The lowest engine speed is 
observed twenty cycles after the application of the load 
change. Because of the type of load involved (quadratic, 
s=2 in Equation (19)), the drop in speed causes also a 
drop in load torque, resulting in quicker equilibrium 
between engine and load. The final equilibrium is 
achieved after 4s or 40 cycles. Compressor boost 
pressure and turbocharger speed profiles are similar, 
with the turbocharger lag being obvious in the first cycles 
of the transient event. The delays involved in the engine 
and turbocharger response build-up, mentioned in a 
previous Sub-Section, are best highlighted with the 
observed phase shift between the minima or maxima of 
the various properties. The particular engine is fitted with 
a non-zero speed droop governor, and also possesses a 
high mass moment of inertia, which slows down the 
development of the transient event and produces rather 
limited smoke emissions and angular deceleration. 
Moreover, the load-change imposed was not a very 
difficult task for the engine to cope with, as the final load 
was lower than the maximum one. The successful load 
acceptance was further supported by the speed 
dependent load torque. For greater load-changes engine 
stall might occur, particularly if the engine is fitted with a 
fuel limiter [20,24]. 
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Figure 9b. Depiction of engine transient response on the turbocharger 
compressor map 

Another way of presenting a turbocharged diesel engine 
transient event is by depicting it on the compressor map. 
This is presented in Figure 9b, for a 10-70% and a 10-
95% load increase of the previous engine. This 
technique has the major disadvantage of ignoring the 
time scale but can prove quite useful in studying engine-
compressor interdependence such as, for example, 
during surge or when the subject of concern is the 
matching between engine and turbocharger. 

A typical engine acceleration case (speed change owing 
to governor control lever movement, at constant engine 
load) is illustrated in Figure 10a for a four-cylinder, 
turbocharged, IDI diesel engine fitted with a waste-gate 
valve.  
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Figure 10a. Prediction of engine and turbocharger properties 
development during full load acceleration in 4th gear (adapted from 
[67]) 
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Figure 10b. Curves of steady-state full load torque, transient engine 
torque and load torque for the vehicle acceleration of Fig. 10a (adapted 
from [67]). 
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Figure 11. Effect of load-type on engine transient response after a ramp increase in load 
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Figure 12. Effect of load-change duration on engine transient response after a ramp increase in load 
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Figure 13. Effect of retarded injection timing for one cylinder of a six-cylinder diesel engine transient response after a ramp increase in 
load 



Full load acceleration is shown in Figure 10a, typical of 
vehicles operating in high gear. Here, the governor 
control lever reached immediately its maximum value 
helping the build-up of boost pressure, indicated mean 
effective pressure and so engine speed. Governor 
modeling is, in such cases, of lesser importance. Unlike 
the engine of Figure 9a, this one is fitted with a fuel 
limiting device, the effect of which is highlighted in 
Figure 10b. Initially (1250 rpm) and following the driver’s 
demand, the transient engine torque increased sharply 
but afterwards it developed much slower owing to the 
fuel limiting action initiated by the lag in boost pressure 
(1300-2750 rpm). A clear difference is also observed 
between steady-state and transient maximum torques 
(points A and B respectively) as regards both absolute 
values and corresponding engine speeds. This was 
attributed to turbine acceleration, heat losses in the cold 
exhaust manifold and acceleration of the engine rotating 
masses.  

An extensive parametric study has been conducted by 
various researchers [e.g. 20-24,36,38,40,62,84,119] as 
regards load acceptance and acceleration cases. Some 
of the major conclusions derived are summarized below. 
These are, mainly, predicted results derived from 
experimentally validated simulation codes. Some of the 
parameters effects have been confirmed by 
experimental works too. Most of the results have been 
confirmed by more than one research groups. Other 
configurations that are more design oriented and aim at 
improving transient response will be discussed in the 
next Section.  

• As it is expected, the intensity of the applied load 
affects seriously both the speed drop and the recovery 
period. According to specific cases, engine stall might be 
experienced for intense load changes, particularly when 
combined with fuel limiting patterns. 
• The type of load involved (rigid, linear or quadratic, 
Equation (19)) plays a significant role, as speed 
dependent loads vary favorably during operation, thus 
contributing to quicker equilibrium. However, a very high 
load change coupled to a more rigid load-type can lead 
to engine stall, as it is illustrated in Figure 11 for a six-
cylinder, turbocharger and aftercooled, heavy-duty 
diesel engine. 
• The load-time schedule affects significantly the profile 
of the response but the final equilibrium conditions are 
more or less unaffected. An instant load application can 
lead to pulsating recovery as it is depicted in Figure 12, 
proving also to be very demanding in terms of correct 
governor simulation. 
• An increasing engine moment of inertia slows down 
the response, reducing the maximum speed drop and 
the smoke emissions with a simultaneous increase in 
the recovery time required. The obvious advantage here 
is the ability of the engine to cope successfully with 
higher and faster applied load changes. 
• The compression ratio plays a secondary role, 
affecting thermodynamic (e.g. peak cylinder pressure) 
but not dynamic (e.g. engine speed) properties. 

• It is a matter of final load applied and type of load 
involved for an engine with one problematic cylinder to 
successfully cope (though with greater speed drop) with 
a specific load change. This is illustrated in Figure 13, 
where the static injection timing is delayed for cylinder 
No 3 of a six-cylinder, turbocharged engine due to some 
malfunctioning of the fuel pump. Two cases are 
examined as follows: In the first one the static injection 
timing is 0oCA after TDC and in the second one 20oCA 
after TDC (in the nominal case the static injection timing 
is 26oCA before TDC). Delayed injection reduces 
considerably the efficiency of the third cylinder thus 
retarding the whole speed response of the engine. As is 
revealed from the bsfc sub-diagram, in the early cycles 
of the 20oCA case the third cylinder is motored by the 
other 5 cylinders. Even though only one of the six 
cylinders suffered a delayed injection, this was enough 
for a notable increase in the engine speed droop 
compared to the nominal case.   
• Variation of the cylinder wall temperature during 
transients has a minimal effect on engine response and 
final conditions (see also Figure 19 in a following 
Section). However, the initial wall temperature slightly 
affects response, with the hot walls being more 
favorable, as now smaller amounts of exhaust gas 
energy are lost to cylinder wall heating.  
• The same holds true for the exhaust manifold walls 
with the ‘adiabatic’ case being the most preferred one. 
Here, no heating of manifold walls takes place in the 
early cycles of the transient event, thus helping faster 
boost pressure build-up. This is shown in Figure 14 that 
depicts the accelerating behavior of a four-cylinder, 
turbocharged diesel engine of 2.4 lt displacement. 
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Figure 14. Effect of exhaust manifold insulation on turbocharger 
acceleration (adapted from [84]) 

• A smaller turbocharger mass moment of inertia 
causes faster turbocharger, according to Equation (12), 
and thus engine response, but it can lead to pulsating 
engine recovery according to the characteristics of the 
connected governor. A waste-gate valve may have to be 
installed in order to avoid extremely high boost 
pressures at increased loading. Figure 15 highlights the 
effect of turbocharger moment of inertia on engine 



speed response for a propeller-law acceleration of a 
highly rated turbocharged diesel engine. 
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Figure 15. Effect of turbocharger moment of inertia on engine 
acceleration (adapted from [24]) 

• Reduced turbocharger frictional losses result in better 
turbocharger efficiency and, therefore, higher and 
quicker turbine speeds and boost pressures, as it was 
also expected from Equation (12). 
• Decreased ambient temperature slightly improves 
boost pressure build-up and speed response owing to 
the increased inlet air density involved. 
• Higher altitude response worsens owing to the 
decrease in both inlet air density and partial pressure of 
oxygen. 
• Reduced fuel cetane number is mainly responsible 
for prolonged ignition delay, affecting only marginally the 
engine acceleration 
• Geometrical and technical characteristics of the 
governor affect the engine response seriously in terms 
of speed droop and recovery period, as well as whole 
speed response profile. The effect of each term is 
sometimes conflicting when comparing speed droop and 
recovery period diagrams. 
• The speed droop is favored when the governor is 
equipped with a mechanical sensing element, rather 
than an electrical one (when both have the same 
equilibrium curves and initial operating points), while the 
recovery period worsens. On the other hand, two-pulse 
sensing elements prove even more satisfactory owing to 
their dependence on the angular acceleration term, 
which is of great importance during transient operation 
but may lead to unstable final conditions. 
• The (instantaneous) maximum speed droop improves 
(i.e. it lowers) with higher amplification in the 
servomechanism though at the expense of final speed 
instability. It also improves with higher values of the 
number and mass of flyweights, sensing element spring 
stiffness and sensing element spring prior tension, which 
lead to initial conditions close to the maximum spring 
deformation. 

WAYS OF IMPROVING RESPONSE  

Several methods have been studied via transient 
simulation codes for improving transient response; a lot 
of them were experimentally validated. Winterbone [3] 
categorised the methods of improving transient 
response as either ‘passive’ ones, i.e. those that do not 
require a separate energy source, or ‘active’ ones, i.e. 
those, which require an external energy source, such as 
electrical or hydraulic assistance.  

Ledger et al. [16] and Winterbone et al. [27-pt.1] 
proposed a method of air-injection into the centrifugal 
compressor, studying a six-cylinder turbocharged diesel 
engine. This resulted in modification of the compressor 
characteristics, and consequently in an increase in the 
delivery pressure ratio and mass flow rate, and reduction 
in the required torque to drive the compressor. Stalling 
of the engine, when large load increases were applied at 
low engine speeds, was successfully dealt with by this 
method, although movement of the surge line to the right 
was reported. 

Winterbone et al. [27-pt.1] investigated also the injection 
of high pressure oil onto a Pelton wheel fitted to the 
turbine rotor. This method required more modifications 
on the existent engine setup than the previous one and 
its results, although considered as successful, fell short 
of the air-injection method. 

Watson and co-workers modeled various ‘passive’ 
methods for improving transient response and identified 
turbocharger match [21], two-stage turbocharging [25], 
and the simultaneous use of smaller compressor and 
turbine casings with a waste-gate valve [24] as 
promising ones. The latter method, which is nowadays 
an industry standard, was depicted in Figure 15.  

As regards two-stage turbocharging, although the use of 
two turbochargers increases the total inertia, it was 
shown that the high pressure turbine could benefit from 
the low pressure one, thus improving the response of 
highly rated engines. This was due to the fact that the 
kinetic energy needed to accelerate the two sets was 
lower than that for a (larger) single unit. Appropriate 
compressor matching was also needed to exploit the 
above benefits, which were more pronounced for load 
acceptance transients. On the other hand, Saulnier and 
Guillain [122], studying the accelerating performance of 
a small automotive engine, identified a drawback of two-
stage turbocharging, i.e. difficulty to maintain good 
driveability at low engine speeds for very low cylinder 
volumes. It was proposed that an electrically assisted 
turbocharging would be needed in this case. The latter 
approach seems to gain increased interest in the 
industry during the last years. Some preliminary results 
will be reviewed later in this Section. 



In a fundamental study [23], Watson investigated several 
engines, all rated at the same maximum power output 
but with different number of cylinders and aspirations. 
Figure 16, from this study, gives an overall comparison 
of engine acceleration and distance covered in terms of 
engine cycles. In the case of the naturally aspirated V16 
engine, acceleration is almost linear, since full load 
torque is available almost instantly and the torque curve 
is relatively flat.  
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Figure 16. First gear acceleration from 1000 to 2300 rpm and distance 
covered for 5 engines with different aspiration and turbocharging 
options, rated at the same power output (adapted from [23]) 

Figure 17. Effect of retarded injection timing in engine acceleration 
(adapted from [23]) 

 
 

Configuration adopted Improvement Possible side-effects 
Air-injection into the compressor Considerable Considerable system modifications 

Pelton wheel fitted in turbine rotor Considerable Cost 
Hyperbar turbocharging Moderate to 

considerable 
Cost, higher bsfc, complexity 

Two-stage turbocharging Significant at optimum 
matching 

Poor driveability at low engine speeds 

Variable geometry turbine Significant Complicated control strategy 
Sequential turbocharging Significant at part loads Complexity, cost, possibility of surge when 

switching from 1 to 2 turbochargers 
Reduced turbocharger inertia Significant Overboosting (need for waste-gate valve) 

Reduced turbine friction Moderate  
Retarded injection timing Moderate to 

considerable 
Higher bsfc 

Early exhaust valve opening Moderate to 
considerable 

Higher bsfc 

Exhaust manifold volume Small - 
Exhaust manifold insulation Small - 

Exhaust manifold tuning Moderate - 
Electrically assisted turbocharging Considerable Cost, complicated installation 

 
Table 3. Various measures for improving turbine acceleration 



 

Acceleration of the in-line six- and four-cylinder engines 
is highly non-linear, largely owing to turbocharger lag. 
Consequently, the response time of the most highly-
rated engine (in-line, four-cylinder, 27.1 bar bmep, two-
stage turbocharged and aftercooled) is nearly 2.5 times 
that of the naturally aspirated, while at the same time 
achieving only 74% of the distance covered by the V16 
engine. Variable geometry turbine, early opening of the 
exhaust valve and retarded injection timing were 
identified as viable means for improving response. The 
latter is illustrated in Figure 17, for 25oCA before TDC 
static injection timing at initial steady-state conditions 
retarded to 15oCA after TDC at start of transient. 
However, some of the above-mentioned improvements 
are accomplished at the expense of fuel consumption or 
smoke emissions. Nonetheless, naturally aspirated 
engine transient performance could not be surpassed.  

Boy [119-pt.2] confirmed the transient improvement 
owing to air-injection into the compressor, and proposed 
air-injection directly into the engine cylinders as a more 
effective technique. The backflow of exhaust gas from 
exhaust to inlet manifold during turbocharger lag was 
reduced in the case of smaller valve overlap periods too, 
for a V18 marine diesel engine assisting turbine 
acceleration. 

Rakopoulos et al. [40] studied, among other things, the 
exhaust manifold volume and configuration and found 
that this can markedly affect the engine and 
turbocharger response after a ramp increase in load, 
leading even to unsteady and pulsating operation if a 
very small manifold volume is chosen. On the other 
hand, a large manifold volume (as in constant pressure 
turbocharging) slows down the response, since the 
amount of gas which has to be ‘accelerated’ is much 
larger now. This significantly enhances turbocharger lag, 
and it is usually met in ships where the vessel’s 
acceleration takes considerably more time than the 
engine’s. 

Assanis and co-workers [53,56] confirmed the 
importance of VGT systems, for various combinations of 
engine-vehicle accelerations including the very 
interesting case of Transient Cycles, as it will be 
highlighted in a next Section. 

Banisoleiman et al. [153] used the Watson-Marzouk [20] 
transient simulation code and studied the transient 
improvement through inlet manifold tuning, using either 
ram pipe or Cser-Helmholtz resonators. The results, 
which were mostly based on experimental study, were 
quite promising, although the positive aspects could not 
apply to all engine operating conditions and transient 
schedules.  

Investigating ways for faster turbine acceleration, 
Zellbeck et al. [108] compared the performance of an 
electrically assisted turbocharging to a VGT turbine, and 
a ‘nominal’ turbocharger fitted with a waste gate. The 

former one was able to improve vehicle acceleration 
from 40-80 km/h in 6th gear up to 20% compared to the 
nominal case. This was significantly more than the 11% 
improvement from the VGT.  

Panting et al. [109] investigated theoretically the 
improvement in transient performance of a four-cylinder 
turbocharged diesel engine using a motor-generator of 
varying power. The results were encouraging and most 
beneficial the greater the power of the motor-generator. 
However, more complex fueling strategies would have to 
be employed. It was suggested that the performance 
would benefit from the assist motor operation at low 
speeds, even at steady-state conditions. 

Katrašnik et al. [110,111] studied the improvement in 
transient response of a six-cylinder, turbocharged diesel 
engine, rated at 162 KW at 2400 rpm, via the use of an 
electrically assisted turbocharging system too. This 
proved satisfactory as long as the electric motor 
possesses high torque to mass moment of inertia ratio.  

Table 3 summarizes several of the measures for 
improving engine transient response as were analyzed 
by various researches in the past 35 years. This table 
should be considered as a general guideline, since the 
actual effect depends on current engine-load setup, 
initial conditions and magnitude of speed or load 
change. 

SPECIAL CASES 

SECOND-LAW 

Rakopoulos and Giakoumis studied the transient 
operation also from the second-law perspective 
[43,44,154], i.e. using the term of availability. Availability 
(or exergy) of a system in a given state is defined as the 
maximum reversible work that can be produced through 
interaction of the system with its surroundings as it 
reaches thermal, mechanical and chemical equilibrium.  

The availability balance equations were applied to the 
turbocharged diesel engine and all its subsystems, on a 
oCA basis [155]. For the engine cylinder it holds (index 4 
corresponds to inlet manifold conditions and 5j to the j-th 
engine cylinder – see also Figure 2), 

    j 4 j 4 j 5 j 5 j w L fdA m b m b dA dA dA dI = 
d 6N d d d

−
− − + −

dϕ ϕ ϕ ϕ ϕ
  (29)  

with  the incoming flow rate from the inlet manifold 

and  the outgoing one to the exhaust manifold for the 
cylinder j, according to the first-law analysis; 

4jm

5jm

w
5j o

dA dV = (p -p ) 
d dϕ ϕ

is the availability term for work 

transfer with p5j the instantaneous cylinder pressure, 



oL L

5j

TdA dQ
 =  (1- )

d d Tϕ ϕ
is the availability term for the heat 

transfer to the cylinder walls with T5j the instantaneous 
(uniform) cylinder temperature and  is the 
availability term for the injected fuel. The term 

fdA / dϕ

o
o i

i
b = h-T s- x µ∑ i        (30) 

corresponds to the flow availability of the cylinder gas 
with xi the mole fraction of species i in the mixture and 

the chemical potential of species i at the true dead 
state (i.e., when there exists thermal, mechanical and 
chemical equilibrium with the environment). The term 
dI/dφ in Equation (29) is the rate of irreversibility 
production within the cylinder, which consists mainly of 
the combustion term, while inlet-valve throttling and 
mixing of the incoming air with the cylinder residuals 
contribute a little. Similar expressions were derived for 
the second-law operation of manifolds, turbocharger and 
aftercooler [155]. 
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Figure 18. In-cylinder, second-law terms development during a 
transient event after a ramp increase in load 

A typical example of second-law application to diesel 
engine transient operation is given in Figure 18 for a six-
cylinder, turbocharged and aftercooled, diesel engine of 
16.62 lt displacement, producing 235 kW at 1500 rpm, 
and for a load increase of 10-70% at constant governor 
setting [44,154]. The response of all the in-cylinder 
exergy terms, viz. work, heat loss to the walls, exhaust 
gas and irreversibilities are illustrated as a function of 
the engine cycles. All of these terms are cumulative 
values (J) over each cycle (for all cylinders of the 
engine). The exergy term for work and heat loss to the 

walls increase with the increase in fueling as a function 
of the engine cycles, because of increases in the charge 
temperature resulting from increases of the injected fuel 
quantity and accompanying fuel-air equivalence ratios. 
Similar results hold for the exhaust gas from the cylinder 
term (ranging from 12.5% at initial conditions to 
maximum 27.5% of the fuel availability) and for the 
irreversibilities term (ranging from 25% at initial 
conditions to 15% at final conditions of the fuel 
availability). The contribution of combustion to the total 
irreversibilities was computed around 95%. In Figure 18 
a comparison is also included between transient and 
some intermediate ‘steady-state’ irreversibilities terms 
(i.e. steady-state irreversibilities at the engine speed and 
fueling of the corresponding transient cycles). A 
difference up to 11% at the 20th cycle is observed 
highlighting the different evolution profile of transient 
combustion irreversibilities compared to steady-state 
operation. 

Rakopoulos and Giakoumis performed an extensive 
parametric study too [45,46]. It was made obvious that a 
significant amount of work potential is available during 
transient operation (after a ramp increase in load), the 
exploitation of which could increase the total engine 
efficiency. The following were revealed from the 
parametric study: 

• The general profile of the second-law properties 
transient response depend on the respective first-law 
ones, since the second-law properties are evaluated 
using first-law data.  
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Figure 19. Effect of cylinder wall insulation on the second-law diesel 
engine transient performance after a ramp increase in load 



• All the parameters that lead to slow engine speed 
recovery (large exhaust manifold volume, or high 
turbocharger mass moment of inertia, or high engine 
mass moment of inertia) result in similarly slow 
turbocharger recovery, increased fuel injected quantities 
and thus decreased in-cylinder irreversibilities and 
increased exhaust gas from cylinder or to ambient 
availability (reduced to the fuel availability). They are, 
therefore, favorable from the second-law perspective, 
since they increase the potential for work recovery, 
during the transient event, for example using a 
bottoming cycle. 
• The effect of the cylinder wall insulation 
(temperature) [46], for transient operation after a ramp 
increase in load, was also studied, as it can be seen in 
Figure 19. Special reference was paid to the low heat 
rejection (“adiabatic”) case, represented here by a 1.0 
mm plasma spray zirconia (PSZ) coating applied on the 
cylinder walls. As it can be seen in Figure 19, the 
response of the transient first-law properties remains 
almost unaffected by the applied wall temperature 
schedule. However, the engine second-law terms, 
including the various irreversibilities are greatly affected 
especially when a low heat rejection cylinder wall is 
chosen. This conclusion best pinpoints the difference in 
the results given by the two thermodynamic laws and it 
is in accordance with the steady-state results of previous 
researchers. 
• The effect of the aftercooler effectiveness on the 
engine first-law transient response is similarly minimal, 
whereas the second-law terms are significantly affected. 
 
COMPRESSOR SURGE 

For optimal matching between the engine and the (VGT) 
turbocharger, the whole compressor operating region 
needs to be exploited. As a result, under steady-state 
conditions, the maximum torque engine operating line on 
the compressor map is often located close to the 
compressor surge line. Although the surge margin is 
usually adequate under steady-state conditions, when 
the engine operates under dynamic conditions, there are 
certain cases (especially for engine operation close to 
full load), in which the turbocharger compressor may be 
driven beyond its surge limit. For example, very fast load 
changes from high to low and again to high load, or 
turbocharger dirt, or switch from 1 to 2 turbochargers5 
may lead to compressor surge. 

Diesel engine transient simulation when the compressor 
operates in the surge region has been studied rarely 
[47,101-107]. In order to accomplish this task, 
representation of the compressor characteristics to the 
                                                      
5 The sequential turbocharging technique, i.e. sequential use of two or 
more turbochargers, is met in marine applications in order to improve 
part load performance of highly-rated engines. Swain [118] published 
early transient data (albeit for a truck diesel engine) using a simplified 
engine code. Benvenuto and Campora [120] applied a two-zone 
thermodynamic model on a V18, four-stroke, marine diesel engine. 
Chesse, Tauziat and co-workers [102-104] investigated one possible 
side-effect of sequential turbocharging, i.e. compressor surge when 
switching from 1 to 2 turbochargers, for V12, V16 and V20 marine 
diesel engines. 

left of the surge line is required. To obtain the unstable 
region of the compressor performance map, a simple 
method for estimating the complete compressor 
characteristics is usually adopted [47] that is based on 
the available steady region ones. 

A typical, extreme engine operation case, which caused 
compressor surging, is illustrated in Figure 20a.  Initially, 
the engine was running at full load and 1200 rpm. Then, 
the load was rapidly reduced to 10% and very soon it 
was increased again to 80%. The relevant predicted 
compressor parameters are shown in Figure 20b. Firstly, 
the engine speed was increased owing to the load 
decrease. Thus, the engine airflow was increased too 
and the compression system operating point moved 
towards the choke region. After that, the engine load 
was increased again, causing the rapid drop of engine 
speed, which reached almost the value of 800 rpm. At 
that moment (0.6 sec), compressor surging started, as 
the compressor operating point was driven beyond the 
surge line. As the engine speed governor responded in 
order to meet the demand of 1200 rpm at 80% load, 
more fuel mass was injected into the engine cylinders, 
the engine brake torque was increased, the engine 
speed followed that increase and consequently the 
engine air flow was increased too. Thus, shortly after 0.7 
sec, the compression system operating point moved 
back again into the stable compressor region. 
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Figure 20a. Engine transient behavior for a 100-10-80% load-change 
schedule 

As shown in Figure 20b, during the compressor surging 
the torque absorbed by the compressor impeller rapidly 



varied, mainly because of the air flow reversals. In this 
way, severe torsional loadings were introduced to the 
turbocharger shaft. So, it is evident that such air flow, 
inlet manifold pressure and turbocharger shaft torque 
oscillations can harmfully affect both the engine and 
turbocharger operation. In the examined case, 
compressor surging lasted only approximately 0.25 sec, 
and therefore it could not practically affect the engine 
safe running. However, if compressor surging 
continuously occurs, the engine and turbocharger safe 
running can be adversely affected. 
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Figure 20b. Turbocharger compressor transient behavior for a 100-10-
80% load-change schedule 

For the engine to avoid operation under compressor 
surge, everything that can limit speed drop is helpful, i.e. 
increasing engine moment of inertia (this has a negative 
impact on fast speed response), or decreasing 
turbocharger moment of inertia, or increased governor 
gain constant c2 in Equation (14) (although this may lead 
to pulsating engine recovery), or decreased load change 
duration. 

VEHICLE PERFORMANCE 

Simulations of the whole vehicle performance were first 
coupled with transient engine simulation code by 
Winterbone et al. [3,27-pt.2], who provided basic 
equations for modeling the engine-gearbox-wheel drive-
train and gave some preliminary results, incorporating 
smoke emissions. The engine output was absorbed by 
the various resistances to truck motion, or in 
acceleration.  

Figure 21 is a typical result from this modeling for a six-
cylinder, turbocharged diesel engine of 11.32 lt 
displacement, rated at 175 kW at 1800 rpm, mounted on 
a 32 tonne truck, and for upward gear changes schedule 
commencing from still-stand. Satisfactory validation with 

experimental measurements was also reported. For 
those, the dynamometer load simulated the acceleration 
torque and the road resistance. As was expected, the 
effect of turbocharger lag is here less prominent than in 
the load acceptance case (Figure 9a). This is due to the 
fact that the acceleration of the engine helps the build-up 
of boost pressure. A similar simulation approach was 
adopted in the following years by other researchers 
regarding vehicle acceleration and gear change 
simulation [e.g. 26,63,93,116]. 
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Figure 21. Truck vehicle velocity and engine speed development for an 
upward gear shift schedule commencing from still stand (adapted from 
[27-pt.2]) 

A more detailed and comprehensive approach for 
vehicular transient performance studies was adopted by 
Jennings et al. [75] and Ciesla and Jennings’s modular, 
quasi-linear [113], and Assanis and co-workers’ [52,53] 
filling and emptying models. For the vehicle model, non-
linear, 3-D multi-body kinematics and dynamics models 
were developed in longitudinal and heave directions, 
covering several subsystems, i.e. torque converter, 
transmission, inter-axle differential and front and rear 
driveline, wheels/tyres, axles, suspensions and body of 
the vehicle. One of the main difficulties of such studies is 
the appropriate link between the engine simulation 
module with the multi-body vehicle dynamics module. 
The difficulty arises because of the different time steps 
required for the solution of the differential equations in 
each module. The engine module requires a time step of 
the order of one oCA, which is much too small for the 
vehicle dynamics. The fully integrated wheeled vehicle 
simulation was then used to study several combinations 
of engine, driveline and vehicle modules.   

A typical result from these studies is given in Figure 22 
[53]. Here, the hard acceleration (0-60 mph) of a truck 
equipped with fixed geometry turbine is compared to the 
one with a VGT. The vehicle is initially at still-stand, with 



brakes applied and the engine idling at 700 rpm. At t = 3 
seconds, the brakes are released and the driver demand 
is increased to the maximum value. Vehicle and engine 
parameters are tracked until the vehicle reaches 60mph. 
The comparison of output parameters calculated for the 
engine with the conventional and VGT turbocharger are 
shown in this Figure, regarding engine speed 
development. It is obvious that the turbocharger lag can 
be significantly limited with the VGT coupled to a 
performance-oriented control strategy. The latter closes 
down the blades as long as the boost level is below the 
target, thus significantly increasing the rate of rotor 
acceleration after a sudden increase of engine load. 
Faster build-up of pressure allows injection of more fuel 
without the danger of causing excessive smoke. The 
resulting higher levels of transient engine torque with 
VGT reduce the time from launch to the first gear as well 
as the total acceleration time.  
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Figure 22. Effect of VGT on engine speed development during full 
power acceleration from 0-60 miles per hour (adapted from [53]) 
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Figure 23. Effect of VGT on turbocharger speed development over the 
US Highway Driving Cycle (adapted from [53]) 

The previous analysis is extended in Figure 23 for a 
(highway driving) Transient Cycle. The application of 
VGT with a performance oriented control strategy affects 
primarily the filling of engine with fresh charge. The 
turbocharger with the VGT is kept at almost constant 
speed during the whole driving cycle, and consequently 
the variations of the pressure in the intake manifold with 
engine load are very small. This produces a favorable 
reduction in the fuel-air ratio during the first part of the 
driving cycle and a slight reduction of fuel-air ratio during 
the high speed/high load part of the cycle, including the 
peak at the 300-second interval. This reduction in fuel-
air ratio illustrates the potential of the VGT to adapt to 
varying operating conditions and allows better control of 
cycle parameters that are important for combustion 
efficiency and emissions [53]. 

 

SUMMARY-CONCLUSIONS-FUTURE WORK 

•  The transient response of compression ignition 
engines forms a significant part of their operation and it 
is of critical importance, owing to the often non-optimum 
performance involved as regards turbocharged engines. 
Moreover, the launch of emission directives, in the form 
of Transient Cycles, have directed engine manufacturers 
to deal with overall (vehicles’) transient performance, 
since it is well established that the transient operation 
contributes much more to the total amount of emissions 
than the corresponding steady-state one.  
• The most notable effect of transient turbocharged 
diesel engine operation is the turbocharger lag, which is 
caused by the lack of mechanical connection between 
turbocharger compressor and engine crankshaft. 
Consequently, the power delivered to the turbine must 
first accelerate the turbocharger shaft in order for the 
compressor to be able to produce increased boost 
pressure. The way the energy is transferred through the 
exhaust manifold, the use of fuel limiters, and the heat 
losses to the cylinder and exhaust manifold walls are 
few of the reasons for delaying transient response.  
• The majority of transient diesel engine simulations 
are based on the filling and emptying approach, which 
combines adequate insight into the relevant phenomena 
and requires limited computational time. Quasi-linear 
models are met often, owing to the low computational 
time required that makes them ideal for real time 
simulations. Four-stroke turbocharged engines of 
medium-high speed have been in the focal point of 
research in the last 35 years, due to their dominance in 
vehicle applications, where the effects of turbocharger 
lag are most prominent.  
•  Transient diesel engine simulation has not yet 
adequately been diversified from steady-state/linear 
approximations, the most notable ones being the fuel 
pump and turbocharger modeling. Moreover, the 
simulations often fail to give insight into the highly 
complicated combustion performance during the early 
cycles of the transient event, despite the application of 
correction equations and coefficients. In combustion 



modeling lies one of the most significant weaknesses of 
the transient simulations applied so far. Quasi- or multi-
dimensional modeling would be required, but these are, 
for the time being, prohibited owing to the high 
computational time involved. Detailed friction, fuel pump 
and multi-cylinder modeling were identified as important 
aspects for more accurate transient simulation. 
• A lot of fundamental and parametric studies that were 
carried out have shed light into the basic engine and 
turbocharger variables development, and identified 
several means of improving response, such as 
decreased turbocharger inertia or VGT. Unfortunately, 
some of the proposed measures are effective for a 
limited engine operating range, e.g. tuned manifolds. 
Other measures, such as retarded injection timing or 
early opening of exhaust valves, conflict with important 
engine specifications (exhaust emissions or fuel 
consumption).  
• The simulations have been extended to special 
cases of transient operation, such as whole vehicle 
performance, cold starting, turbocharger compressor 
surging and, recently, second-law analysis. By so doing 
new interesting aspects of diesel engine transient 
performance have been provided. 
• Reliable study of pollutants emissions during 
transient operation via the use of suitable models is the 
most important objective for the future. Its 
accomplishment is, for the moment, limited, due to the 
high computational time required for the analysis of 
hundreds of cycles. Fortunately, experimental 
investigations of transient operation and computational 
power of personal computers both flourish during the 
last years, forming a sound basis for an even more 
successful investigation of dynamic engine operation in 
the near future. 
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NOMENCLATURE 

A availability (exergy), J 
b flow availability, J/kg 
F force, N 
G mass moment of inertia, kg m2 

h fuel pump rack position, % 
I irreversibilities, J 
L length, m 
m mass, kg 
N engine speed, rpm 
p pressure, bar 
Q heat, J 
r pressure ratio, or crank radius, m 
S surface, m2

T temperature, K 
t time, s 
u speed, m/s 

W  power, J/s 
x mole fraction 
z governor position, mm or % 
 
GREEK SYMBOLS 

∆φ crank angle duration 
ε angular acceleration, s-2 

η efficiency, % 
µ chemical potential, J/kg 
τ torque, Nm 
φ crank angle  
Φ fuel-air equivalence ratio 
ω angular velocity, s-1

 

SUBSCRIPTS 

o initial or reference conditions 
C compressor 
D demand or damping 
e engine 
ex exhaust 
fi fuel injected 
fr friction 
g gas 
gr gravitational 
in inertia 
is isentropic 
L load, or loss 
S stiffness 
st steady-state 
T turbine 
TC turbocharger 
tr transient 
w work 
 
ABBREVIATIONS 

oCA degree(s) crank angle 
1-D/3-D one-dimensional/three-dimensional 
AFR air-fuel ratio 
BDC bottom dead centre 
bmep brake mean effective pressure, bar 
bsfc brake specific fuel consumption 
DI direct injection 
EVO exhaust valve opening 
f & e filling and emptying 
fmep friction mean effective pressure, bar 
IDI indirect injection 
imep indicated mean effective pressure, bar 
rpm revolutions per minute 
SoI start of injection 
TDC top dead centre 
VGT variable geometry turbine 
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Ledger, 
Walmsley SAE 1971 T/C 4 6 203 273 53 824 1,000 1 no no [14]

Ledger et al. 
IMechE 
Conf., 
SAE

1972 

1973
T/C 4 6 203 273 53 824 1,000 1 no no

-                         

air injection

[15] 

[16]

Benson et al. SAE 1973 T/C 4 6 203 273 53 824 1,000 1 yes no load change magnitude, 
"sensitivity analysis"

[17]

Benson et al. ASME 1976 T/C 4 6 127 149 11.32 175 1800 1 yes no [19]

Winterbone 
et al.

Proc. 
IMechE 1976 T/C 4 6 127 149 11.32 175 1,800 1 yes no [18]

Watson, 
Marzouk SAE 1977 T/C 4 6 na na na na na 1,2 f & e single-

zone Watson Woschni yes no fuel pump rack limiter, T/C size [20]

Winterbone 
et al. SAE 1977 T/C 4 6 127 149 11.32 175 1,800 1,4 yes S1 T/C w. air-injection and Pelton 

wheel
vehicle 

dynamics
[27]

Winterbone 
et al. SAE 1977 T/C 4 6 127 149 11.32 175 1,800 1 f & e single-

zone dual cycle na yes no transfer 
functions eval.

[28]

Marzouk, 
Watson

IMechE 
Conf. 1978 T/C 4 na na na na

11-
16.8 
bar

na 1,3 f & e single-
zone Watson Woschni yes no [21]

Watson et al. ASME 1978 T/C 4 na na na na 18-24 
bar na 1,2 f & e single-

zone Watson Woschni no no two-stage turbocharging mainly st. state 
analysis

[25]

Boy MTZ 1980 T/C 4 V12 
V18 na na na 368/cyl 

393/cyl 520 2 f & e single-
zone Wiebe Woschni yes no valve overlap, T/C size, air 

blown in the compressor ship maneuvre [119]

Shamsi SAE 1980 T/C 4 6 1 yes S1 [74]

Watson SAE 1981 T/C 4 na na na na na na 1,2 f & e single-
zone Watson Woschni yes no two-stage T/C, fuelling/friction 

errors, fuel controller, T/C inertia
[24]

Winterbone, 
Loo SAE 1981 T/C 2 6

12
2.

9

127 9.04 na na 1,4 f & e single-
zone

Whitehouse-
Way Annand no no friction increase, combustion 

deterioration
vehicle 

dynamics
[26]

Winterbone, 
Tennant SAE 1981 T/C 4 6 118 125 8.20 190 2,400 1 f & e single-

zone
Whitehouse-

Way na yes no friction increase, combustion 
deterioration

[12]

V12 1,2 governor dynamics, T/C 
sequential cut in

6 2 aspiration, fueling control, VGT

Watson SAE 1984 N-A, 
T/C

4 4-
V16 - - 6.25-25 325 2,300 2 f & e single-

zone Watson na yes no
engine rating, t/c inertia, 

injection timing,  valve timing, 
turbine specs, VGT

two-stage t/c [23]

na na na na 11 bar 2,500 1,2

na na na na 19 bar 2,300 1,2
Jennings et 

al. SAE 1986 T/C 2 V8 2,4 yes tires, axle stifness, governor, 
throttle disturbance

vehicle 
dynamics

[75]

Keribar, 
Morel SAE 1987 T/C 4 6 na na 14 294 1,900 1*,2 f & e a two-zone Watson

Convective, 
radiation 
models

no no various insulation schemes
structure 

thermal shock 
via FEM

[88]

Schorn et al. SAE 1987 T/C 4 4 92 90 2.39 82 na 4 f & e single-
zone Wiebe Woschni, 

Hohenberg yes no [84]

quasi-linearna

quasi-linearna

na single-
zone

single-
zone WatsonT/C

quasi-linear

quasi-linear

f & e

quasi-linear

quasi-linear

Woschni

quasi-linear

quasi-linear

Watson ASME

na4Zellbeck, 
Woschni MTZ 1983

41984

T/C

yes S1Hohenbergf & e

na na na [66]

[22]

load schedule, valve timing,engine & T/C inertia, fuel 
limiter, T/C match, pulse vs. constant T/C, manifolds' 
volume, loading schedule, a/c thermal inertia, 2-stage 

T/C

t/c inertia, nozzle area, and friction, cylinder wall 
temperature, exhaust manifold temperature,VGT

yes no

injection timing, ambient 
conditions, engine temperature, 

fuel properties, t/c design

model simplifi-
cations for compu-
tat. time reduction

Wiebe / 
Woschni-

Anisits

Table A. Summary of thermodynamic diesel engine simulations under transient conditions, in chronological order, incl. engines studied, model assumptions and 
parameters examined. 
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Gardner, 
Henein SAE 1988 N-A 4 1 95 95 0.67 na na 6 f & e a single-

zone Watson Hohenberg yes no [29]

Rackmil et al. ASME 1988 T/C 2 8 na na na na 900 1,2 no no governors [89]

Hendricks SAE 1989 T/C 2 6 na na na 10,000 100 1,1* yes no [76]

Jenny et al. SAE 1989 T/C 4 4 na na 2.0 na na 4 yes b no Comprex®, VGT, patriculate 
traps

vehicle 
dynamics

[112]

Rackmil, 
Blumberg SAE 1989 T/C 4 6 na na na na 2,200 1,2 no no closed and open loop control [90]

Tuccilo et al. SAE
1990 
1993

T/C 4 4 na na 1.37 55.6 4,500 2
f & e     

f & e a
single-
zone Watson Annand no no t/c match

[87] 

[146]

Jensen et al. SAE 1991 T/C 4 4 76.5 86.4 1.59 50 4000 1*,2 yes no [77]

Woschni et 
al. MTZ 1991 T/C 4 5 92.4 90.9 3.05 na na 2 f & e single-

zone
Woschni-

Anisits Woschni yes no 2-D engine map 
from f & e code

[67]

Jiang, Van 
Gerpen SAE 1992 T/C 4 4

10
6.

5

127 4.52 na na 5 f & e single-
zone

modified 
Watson Annand yes Part.2 [91]

Qiao et al. SAE 1992 N-A 4 4 93.7 90.5 2.50 na na 2 f & e two-zone Watson Woschni yes NOx vehicle dynam. [93]

Younes et al. Entropie 1993 T/C 4 4 86 89 2.07 65 4,250 2 yes S1,HC1 [94]

Berglund SAE 1993 
1994 T/C 4 4            

1*
no     
yes no vehicle 

dynamics
[78] 
[79]

Bazari SAE 1994 T/C 4 6 118 125 8.20 220 2,400 2 f & e,    
w. action

multi-
zone

Nishida-
Hiroyasu 

(SAE 890269)
Annand yes S1, HC1, 

NOx1, CO
[95]

Brace et al. IMechE 
Conf. 1994 T/C 4 4 na na 1.80 na na 2 no S, Part., 

NOx,HC neural networks [96]

Kao, Moskwa ASME 1995 T/C 4 6 na na na na na 1 f & e single-
zone Watson Eichelberg no no quasi-linear 

model too
[68]

Woschni et 
al. MTZ 1995 T/C 4 5 87 84 2.50 na 4,600 4,5 yes no mechanical supercharging vs. 

turbocharging
[114]

Bazari et al. IMechE 
Conf. 1996 T/C 4 4 na na 1.80 na na 2 f & e,    

w. action
multi-
zone

Nishida-
Hiroyasu 

(SAE 890269)
Annand no Part., HC, 

NOx, CO turbine size [97]

Dekker, 
Sturm SAE 1996 T/C 4 na na na 12 315 2000 1* yes no EGR, VGT [80]

Ertl et al. MTZ 1997 T/C 4 na na na na na na 4 yes no altitude [115]

Rakopoulos, 
Giakoumis Energy 1997 N-A 4 1 76.2 111.2 0.51 na na 1,2 f & e single-

zone
Whitehouse-

Way Annand *** no no load/speed change magnitude, 
heat transfer coeffs 2nd-law [43]

Rakopoulos 
et al. SAE 1997 N-A 4 1 76.2 111.2 0.51 na na 1 f & e single-

zone
Whitehouse-

Way Annand *** no no various governor 
types/configurations

[36]

Rakopoulos 
et al. SAE 1997 N-A 4 1 85.7 82.6 0.48 na na 1,2 f & e single-

zone
Whitehouse-

Way Annand *** no no structural heat 
transfer

[37]

Zhang et al. MSM 1997 T/C 4 6 130 160 12.74 350 2,100 2,3 f & e ** single-
zone Watson Nusselt *** no no load moment of inertia, governor 

strategies, gear ratios
[48]

quasi-linear

quasi-linear

quasi-linear

8-D engine map generated from f & e code 
(based on Woschni-Anisits comb. model) 

quasi-linear

quasi-linear

quasi-linear

quasi-linear

na

quasi-linear

7-D engine map generated from f & e code 
(based on Woschni-Anisits comb. model) 

quasi-linear **

Table A. Summary of thermodynamic diesel engine simulations under transient conditions, in chronological order, incl. engines studied, model assumptions and 
parameters examined (cont’d) 
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Bartsch et al. IMechE 
Conf. 1998 T/C 4 6   8 na na na na na 1* yes no VGT control strategies, exh. 

manifold insulation
[85]

Chesse et al.
IMechE 
ASME 

C.R.Acad

1998 
2000 
2000

T/C 4
V12 
V16 
V20

280 290 13.39/cyl 325/cyl 1,050 1* f & e single-
zone Wiebe Woschni yes yes 

no no manifolds volumes
switch from 1 to 

2 T/Cs, 
compres. surge

[102] 

[103] 

[104]
Isermann et 

al. SAE 1998 T/C 4 8 na na na 420 na 4 yes no [81]

Rakopoulos, 
Giakoumis

Energy 
Convers 

Mgmt
1998 N-A 4 1 76.2 111.2 0.51 na na 1 f & e single-

zone
Whitehouse-

Way Annand *** no no

load/speed schedule, load-type, 
friction and combustion 

deterioration, compression ratio, 
faulty injection

[38]

Rakopoulos 
et al.

Energy 
Res. 1998 T/C 4 6 140 180 16.62 236 1,500 1,2 f & e a single-

zone
Whitehouse-

Way Annand *** yes S3 [39]

V12 na na 37.70 1,007 na 2 T/C inertia, intercooling
6 na na 12.70 na na 4

Chan et al. Proc. 
IMechE,D 1999 T/C 4 4 93.7 90.5 2.50 52 4,000 1*,2,3 f & e multi-

zone
Arrhenius 

type Eichelberg yes NOx1 [98]

Payri et al. SAE 1999 T/C 4 6 na na 10 na na 1* f & e,    
w. action Woschni yes no inlet manifold configuration [58]

Zellbeck et 
al. MTZ 1999 T/C 4 4 na na na na na 4 no no VGT, electrically assisted T/C total vehicle 

dynamic model
[108]

Assanis et al. SAE 2000 T/C 4 V8 104 106.2 7.30 154 2,400 4 f & e ** single-
zone Watson Nusselt *** yes no fuel control strategies total vehicle 

dynamic model
[52]

Benajes et al. SAE 2000 T/C 4 6 120 145 9.83 na 2,000 1* f & e     
w. action yes no [62]

N-A 95 95 0.67 2 yes

T/C 130 160 2.12 2,6 no moment of inertia

Lin et al. SAE 
IJHVS

2001 
2004 T/C 4 6 104 106.2 5.48 115 2400 4,5 yes c no hybrid vehicle 

dynamic model
[55] 
[57]

Liu et al. ASME 2001 N-A 4 1 95 95 0.67 na na 6 f & e **,a single-
zone Watson Woschni yes no [30]

Panting et al. Proc. 
IMechE,D 2001 T/C 4 4 110 140 5.32 na na 4 f & e single-

zone Watson na no no power of electric motor, fueling 
strategies

simplified 
transient 

[109]

Theotokatos, 
Kyrtatos SAE 2001 T/C 4 6 115 125 7.79 na na 1*,2 f & e single-

zone Watson Woschni yes no inlet manifold volume compressor 
surge

[105]

Zweiri et al. Proc. 
IMechE,D 2001 N-A 4 1 95 95 0.67 na na 2 f & e **,a single-

zone Watson Hohenberg + 
radiation yes no [69]

Payri et al. Proc. 
IMechE,D 2002 T/C 4 4 na na na na na 1* f & e,    

w. action yes no [61]

Benvenuto, 
Campora

Engine 
Res. 2002 T/C 4 V18 na na na 7,200 1,000 2 f & e ** two-zone Wiebe na yes no sequential t/c [120]

Bi et al. SAE 2002 T/C 4 12 150 180 38.2 na na 4 f & e single-
zone Watson Woschni yes no various gears total vehicle 

dynamic model
[116]

no

noyes total vehicle 
dynamic modelvarious VGT schemes

no no total vehicle 
dynamic model

combination of steady-state engine map and 
idealized in-cylinder calculations

[51]

[53] 

[56]

valves size, EVO, inlet man. volume, tuned inlet 
man., exhaust port & manifold insulation, inj. 

timing, turbine size & inertia, VGT

[50]
Filipi, 

Assanis

Filipi et al.

1999

ASME 2001

2001 
2004

SAE 
IJHVS

Assanis et al. SAE

Engine map generated from f & e code 
(based on Watson combustion model) 

4

8-D engine map **

transient exper. HRR database

transient exper. HRR 
database

4

4

f & e ** single-
zone Watson

AVL Boost® (wave action **)

2,400

Nusselt ***

f & e ** Nusselt ***4,5 Watsonsingle-
zoneT/C

T/C

7.30V8 104

1

106.2

na

transient exper. HRR database

na Nusselt ***f & e ** single-
zone Watson

154
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Jung et al. SAE 2002 T/C 4 4 na na 2.0 96 3,800 5 yes no neural networks [86]

Theotokatos, 
Kyrtatos

IMechE 
Conf. 2002 T/C 2 9 900 2550 14,593 41,162 94 2 f & e single-

zone Watson Woschni yes no turbocharger dirt compressor 
surge

[106]

Anguita et  
al. ASME 2003 T/C 4 4 na na 1.9 na na 2 f & e ** single-

zone Watson Woschni yes no quasi-linear 
model too

[70]

Katrasnik et 
al.

ASME, 
En. Conv. 

Mgmt

2003 

2005
T/C 4 6 108 125 6.9 162 2,400

1*        

1
f & e single-

zone Wiebe na yes no electrically assisted T/C systems
[110] 

[111]
Liu et al. 

Zhong et al.
SAE 

ASME
2003 
2003 N-A 4 1 95 95 0.67 na na 6 f & e single-

zone Watson Hohenberg yes no fuel drop & film 
evaporation

[31] 
[32]

Pirotais et al. SAE 2003 T/C 4 4 79.5 95.5 1.90 85 na 5 f & e single-
zone Wiebe Hohenberg yes no engine cooling 

system
[100]

Theotokatos, 
Kyrtatos ASME 2003 T/C 4 8 170 190 34.5 785 1,800 1 f & e single-

zone Watson Woschni yes d no by-pass valve, emergency shut-
down

compressor 
surge

[107]

Breuer THIESEL 2004 T/C 4 4 na na 2.0 na na 4 yes no [71]

Cui et al. Proc. 
IMechE,D 2004 T/C 4 na 112 132 1.30/cyl 180 2,300 3 f & e multi-

zone

Nishida-
Hiroyasu (SAE 

890269)
Woschni yes NOx1 [99]

Galindo et al.
Exper. 

Thermal. 
Fl. Sci.

2004 T/C 4 4 80 93 1.9 na 4,000 1* f & e,     
w. action no no exhaust manifold design [64]

Rakopoulos, 
Giakoumis Energy 2004 T/C 4 6 140 180 16.62 236 1,500 1 f & e a single-

zone
Whitehouse-

Way Annand *** yes S3 2nd-law [44]

Rakopoulos 
et al. SAE 2004 T/C 4 6 140 180 16.62 236 1,500 1 f & e a single-

zone
Whitehouse-

Way Annand *** yes no [40] 
[45]

Saulnier, 
Guillain SAE 2004 T/C 4 4 na na 1.5 105 na 1*,4 no no two-stage T/C  [122]

Ceasu et al. ASME 
Conf. 2005 T/C 4 4 92 94 2.5 103 4,000 2 f & e ** single-

zone Wiebe Hohenberg yes no [35]

Chung et al. SAE 2005 T/C 4 4 na na 2.0 na na 1* yes no [83]

Rakopoulos, 
Giakoumis

Appl 
Thermal 

Eng
2005 T/C 4 6 140 180 16.62 236 1,500 1 f & e a single-

zone
Whitehouse-

Way Annand *** yes no cylinder wall insulation 2nd-law [46]

Rakopoulos 
et al. SAE 2005 T/C 4 6 140 180 16.62 236 1,500 1,2 no no inlet manifold volume, 

compessor ducting
compressor 

surge
[47]

Serrano et al. SAE 2005 T/C 4 4 85 96 2.18 na 4,500 5 f & e,**   
w. action yes no EGR circuit vehicle 

dynamics
[63]

Rakopoulos, 
Giakoumis

IJ Vehicle 
Design, 
Proc. 

IMechE,D 

2006 T/C 4 6 140 180 16.62 236 1,500 1 f & e a single-
zone

Whitehouse-
Way Annand *** yes no

sensitivity analysis of various 
transient modeling approaches   

--                          
friction development

[41]  

[42]
N-A
na

HRR
S Smoke

quasi-linear

0-dimensional **

GT-Power® (multi-zone, wave action)

quasi-linear

d for governor submodel only

transient exper. HRR database

x  Transient schedules numbering is given in the Introduction

*** incl. k-ε  turbulence submodel

b no graphs provided** integrated into MATLAB/Simulink®not available
Heat Release Rate

2 trans. exper. valid. for cumulative values only

load-type, T/C moment of inertia, faulty injection, 
i/cooler effectiveness, wall temp. schedule, exh. 

manifold volume and configuration

3 exper. validation under steady-state conditions

naturally aspirated 1 exper. validation under transient conditions

quasi-linear

a detailed, per oCA, friction modeling* constant engine speed

transient exper. HRR database

c for the conventional engine only
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